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In Memoriam: Dr. Elemer Makay
(1929-1996)—A Legend in
Troubleshooting Power Plant Pumps

Elemer Makay was my closest friend for 27 years. He passed away in April
1996, ending his 5-year “troubleshooting effort” to prove the doctors wrong
when they gave him 6 months to live after diagnosing his cancer in 1991. Just
2 weeks after Elemer received this bad news from the doctors, his younger
of two adult daughters, Annie, was unexpectedly diagnosed with a terminal
illness, and she passed away 2 weeks later. Elemer was the toughest guy
I ever knew, and he surely was being tested beyond his full-rated capac-
ity. Although he, of course, never got over the loss of Annie, Elemer did not
give up, as would have been an easy out for one who was carrying his own
terminal illness. He fought on for five more years. Even into the last months
of his life, he continued his industry-recognized missionary efforts toward
fixing all the electric utility industry’s power plant pump problems. Shortly
after the loss of his daughter Annie, he was blessed with a granddaughter,
Katherine, by his older daughter, Virginia, and her husband, Jim, adding
immeasurably to the pleasure and meaning of his last years.

Elemer was born in 1929 in Nyiregyhaza, Hungary. Preparing for a mili-
tary career, he studied at the Nagy Kroly Military School from 1942 to
1945. After the war he continued his formal education at the University
of Budapest. In 1948 he started his studies at the Hungarian Jozsef Nador
University, majoring in mechanical engineering. He was an active freedom
fighter in the 1956 Hungarian revolution. As the Soviet tanks suppressed
that revolution, he escaped with many Hungarians over the frontier to
Austria, traversing by foot the fields of not-yet-removed and still-active land
mines that had remained buried from a prior Austro-Hungarian dispute.
He later immigrated to the United States and entered graduate school at the
University of Pennsylvania in Philadelphia while employed as a centrifu-
gal pump designer and hydraulics specialist at a nearby major centrifugal
pump manufacturer. He earned a PhD at Penn in mechanical engineering in
1966 with a research thesis in fluid dynamics. In 1969 he was employed by
the Franklin Institute Research Laboratories (FIRL) in Philadelphia to start a
new rotating machinery section.

I met Dr. Elemer Makay shortly after his arrival at FIRL. I was then in my
second year of employment at FIRL, so we both had at least one thing in
common—we were both recent “intruders” into this high-pressure dog-eat-
dog organization in which individual senior staff survived mostly on the
outside contract funds they could secure.

vii
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Because of common elements in our respective industrial experiences, we
were drawn together by a sense of common interests. It quickly became obvi-
ous to us that we had far more in common. We soon became allies and solidi-
fied our deep friendship over the next 2 years. I left FIRL in July 1971 to work
for Westinghouse’s R&D Center near Pittsburgh.

A significant event occurred in April 1971. Northern States Power (NSP,
Minneapolis), having recently read one of Elemer’s early articles on feed
water pump problems, contacted him for technical assistance in dealing
with a quite nasty feed pump problem at its new Monticello Nuclear Power
Plant. I strongly urged Elemer to act quickly on this great opportunity to be
the utility company’s expert against the pump vendor. Elemer’s initial reluc-
tance with my idea was because he had been that vendor’s pump hydrau-
lics specialist before coming to FIRL, and his departure from the vendor’s
employment was not on the warmest of terms with the management, to put
it mildly.

It was easy for me to encourage him on this venture. I had nothing to fear
of the pump vendor’s reaction if Elemer was involved on NSP’s behalf. He
knew quite well why the pumps sold to NSP were not well suited to the
application, which was basic information the pump vendor was apparently
not sharing with NSP. After a long lunch to discuss NSP’s request, Elemer
and I returned to our respective offices at FIRL. Elemer was still undecided
what to tell Roland Jensen of NSP, who later became senior vice president of
power production, and Dave McElroy of NSP, who later became chairman
and president of NSP.

Not long after that lunch, our secretary was searching various offices for
Elemer to take a “very important long-distance call from some company in
Minnesota.” I told her to transfer the call to my phone, at which time I “dealt
myself in” by telling Mr. Jensen that Elemer and I would make their 7:00 p.m.
urgent meeting that day at NSP Corporate Offices. I then went quickly to our
travel person and signed out for two air tickets to Minneapolis and two hun-
dred dollars cash for each of us. I waited briefly for Elemer back in his office,
handed him his ticket and the money, and informed him that my wife, Heidji,
was meeting us at the Philadelphia airport (not far from where I lived) with
some changes of clothing. For a few moments Elemer was speechless, a rare
event for him. This was Elemer’s first outing as what he was eventually to be
known as: the world’s leading troubleshooter for power plant pumps. Over
the next 25 years, a year never went by without Elemer and I (two natural-
born renegades who enjoyed rocking the boat) jovially reliving and savoring
that NSP day many times over, each time enjoying it a little more than the
previous time.

In 1973 Elemer started his own company and went on to single-handedly
troubleshoot and correct the most troublesome pump problems that had
plagued power plants nationwide for many years, in particular boiler and
nuclear feed water pump problems. Naturally, when a single individual suc-
cessfully takes a whole industry to task for its shortcomings, that individual
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will accumulate some detractors. Elemer’s detractors were primarily the
management groups in the pump companies. But those individuals faded
into obscurity while Elemer became a legend in the electric utility industry.

Based on Elemer’s persuasion and guidance, the Electric Power Research
Institute (EPRI) launched a ten million dollar multiyear project in the mid-
1980s to fund badly needed research for the improvement of boiler feed
water pump design technology. Elemer and I were the two principals on the
EPRI consultant’s team that awarded and steered that EPRI research project.
It involved nearly all the most capable centrifugal pump technologists from
both sides of the Atlantic Ocean and significantly advanced the engineering
science of high-energy centrifugal pumps.

Elemer’s articles and papers are studied and applied by pump designers
and researchers worldwide. He often credited his success to his having the
“largest laboratory in the world, from the Atlantic to the Pacific,” namely, the
entire U.S. electric utility industry. In 1992 Elemer was awarded the highest
honor for a pump technologist: the ASME Worthington Award. Elemer has
left his mark on his profession to an extent that few individuals ever achieve.

Many times Elemer and I discussed the need for a book on troubleshoot-
ing power plant pumps. But in the midst of our busy lives, time ran out for
Elemer. This book clearly reflects the rich record of Elemer’s power plant
pump troubleshooting successes documented in his many lucid published
papers, articles, reports, and short-course handouts.
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Preface

This book is comprised of three sections that provide complete background
and breadth of material to meet the needs of newcomers to the field as well
as experienced specialists. Its focus is on the centrifugal type pump since
that is the dominant pump type employed in power plants. Other industries
heavily reliant upon centrifugal pumps (e.g., ocean ship propulsion systems,
petrochemical process plants) can also benefit from this book.

Section I “Primer on Centrifugal Pumps” is a group of three chapters treat-
ing centrifugal pump fundamentals (Chapter 1), performance and compo-
nents (Chapter 2), and operating failures (Chapter 3).

Section II “Power Plant Centrifugal Pump Applications” is composed of
two chapters describing pumping in fossil plants (Chapter 4) and pumping
in nuclear plants (Chapter 5).

Section III “Troubleshooting Case Studies” is seven chapters detailing
actual troubleshooting case studies for several power plant pump problems.
These case studies are taken both from the author’s own pump troubleshoot-
ing projects as well as documented case studies from articles, conference
papers, short courses, and private communications with the late Dr. Elemer
Makay. Case study documentaries have also been provided by Mechanical
Solutions, Inc.
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1

Pump Fluid Mechanics,
Concepts, and Examples

Centrifugal pumps are used in the majority of all fluid flow processes.
The complexities of the fluid flow patterns and design practicalities for
these pumps have involved intensive engineering endeavors for well over
100 years. The requirements of these pumps vary considerably for different
industries and applications. Power plant requirements for centrifugal pumps
are among the most demanding of any industry. With the advent of modern
computational fluid mechanics (CFM), finite element analyses (FEA), mea-
surement sensors, and digital data processing, the evolution of centrifugal
pump technology development still continues to advance.

1.1 Flow Complexity and Flow-Path Geometry

The flows in both stationary and rotating internal flow passages of cen-
trifugal pumps are quite complicated. Even when operating at the best effi-
ciency point (BEP) 100% design flow, centrifugal pump internal flow fields
are somewhat unsteady. At off-design operating flows the internal flows are
highly unsteady. Showing still pictures like Figure 1.1 does not convey this
flow unsteadiness, providing only instantaneous snap shots of typical flow
fields within and around the rotating impeller flow passages.

Centrifugal pumps are closely related to hydro turbines, the fundamental
distinction being that in turbines mechanical energy is extracted from the
fluid, whereas in pumps mechanical energy is transferred to the fluid. This
distinction results in a major fluid dynamical difference between centrifugal
pumps and hydro turbines, namely that within turbine impellers the fluid is
accelerated like in a nozzle, while within pump impellers the fluid is decel-
erated like in a diffuser. This fundamental difference makes highly efficient
hydraulic design considerably more challenging for centrifugal pumps than
for turbines. An insightful way to understand this fundamental difference is
to view the pump impeller as an assembly of rotating diffuser channels and
to view the turbine impeller as an assembly of rotating nozzles. Figure 1.2
shows a clear visual distinction between centrifugal pump and hydro tur-
bine impellers. One immediately notices that a pump impeller typically has
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FIGURE 1.1

Centrifugal pump impeller snapshots of flow patterns. (a) Radial flow views and (b) circum-
ferential flow views relative to rotating impeller.

FIGURE 1.2
Comparison between Francis impellers for (a) a pump and (b) a turbine.

about one-third as many vanes as a turbine impeller. One also immediately
notices that a pump impeller vane correspondingly wraps around the impel-
ler about three times the wrap angle of a turbine vane.

Figure 1.3 illustrates the fundamental fluid dynamics difference between a
diffuser and a nozzle. In the direction of flow a nozzle’s flow area decreases
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FIGURE 1.3
Velocity profiles and pressures for (a) diffusers and (b) nozzles.

and thus average fluid velocity increases, and in consequence it yields static
pressure decreasing and velocity profile flattening in the direction of flow.
In contrast, a diffuser’s flow area increases and thus average fluid velocity
decreases in the direction of flow, and in consequence it yields static pres-
sure increasing and velocity profile arching in the direction of flow. When
the degree of flow deceleration in a diffuser exceeds some critical level, the
adverse pressure gradient combined with velocity profile arching initiates
backflow (called flow separation) at the flow channel boundary. Flow sepa-
ration is a churning action that significantly wastes flow energy through
viscous dissipation into heat. Clearly, flow separation is not consistent with
high-efficiency hydraulic performance. An efficient diffuser must be long
enough so that its flow area increase rate is sufficiently gentle to avoid flow
separation. In contrast, an efficient nozzle can be relatively short since flow
separation is not a concern, given a nozzle’s inherent favorable pressure
gradient and velocity profile flattening. Understanding this basic contrast
between a diffuser and a nozzle leads one to a basic insight into why highly
efficient hydraulic design is more challenging for centrifugal pumps than
for turbines.

As typified in Figure 1.2, the contrasting differences between pump
impeller geometry and turbine impeller geometry clearly reflect this
fundamental difference between diffusers and nozzles. That is, the rela-
tively long wrapped-around pump impeller vanes form a considerably
more gentle flow area transition than the relatively shorter turbine vanes.
Optimum turbine impeller geometry benefits from shorter vanes by allow-
ing many more vanes for better flow guidance without excessive eye exit
flow blockage.

Realizing the basic differences between nozzles and diffusers, one can
also appreciate the well-known fact that a typical-high efficiency centrifugal
pump impeller can be a fairly efficient turbine impeller. Conversely, a typi-
cal high efficiency turbine impeller will make a quite inefficient centrifugal
pump impeller. Accordingly, impellers in so-called pump-turbines are in
reality slightly modified pump impellers, which are highly efficient both in
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the pumping and the turbine operating modes. As well known, the role of
a pump-turbine is to pump water from a lower-elevation water source to a
higher-elevation reservoir during the lower-demand hours of the day, and
then to reverse the water flow for the turbine mode to generate electricity
during the high-demand hours. Such facilities are often called pump-storage
units since energy is stored by the water pumped into the higher-elevation
reservoir.

The impeller in a centrifugal pump is where the mechanical energy is
transferred into fluid dynamical energy, and thus the geometric configura-
tion of a centrifugal pump impeller is the most important property of the
pump affecting energy efficiency. However, the geometric configurations of
the stationary nonrotating flow channels directing the flow into and out of
the impeller, collectively called the pump casing, are also important features
of the pump affecting energy efficiency. Since the pump casing does not add
any energy to the pumped fluid, energy considerations in casing design are
focused exclusively on minimizing energy losses. In addition, casing flow-
path geometry is also important for avoidance of cavitation and excessive
flow-induced vibration.

The ideal inlet channel flow of a centrifugal pump suction nozzle is a
nearly uniform fluid velocity profile into the suction side eye of the impeller,
for example, as illustrated by the nozzle flow velocity profiles in Figure 1.3. A
straight section of nozzle pipe several diameters long with a gentle flow area
contraction is the type of pump suction nozzle that yields a nearly uniform
inlet velocity distribution. However, because of constraints often imposed
upon pump placement and piping arrangements, a long and straight suc-
tion nozzle is frequently not feasible. Furthermore, in multistage and double-
suction pumps it is simply not geometrically possible for a single long and
straight suction nozzle to feed all impeller inlets. Figure 1.4 illustrates the
simplest and most efficient inlet nozzle configurations. In applications where

Flow
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FIGURE 1.4
Optimum inlet nozzles for single-impeller single-suction pumps. (a) Straight suction nozzle
and (b) gentle-elbow suction nozzle.
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piping arrangements and/or radial bearing placement do not allow using
either of the Figure 1.4 suction nozzles, the volute suction nozzle illustrated in
Figure 1.5 is often used, such as for the first stage of multistage pumps where
the shaft must penetrate through the first stage.

The multistage pumps illustrated in Figure 1.6 typify the use of a suc-
tion volute inlet to the first stage of a multistage pump. Impeller discharge
and suction flow paths downstream of the first-stage impeller do not have
very much space to diffuse impeller discharge flow and guide the flow into
the suction inlet of the next impeller or the pump final discharge cham-
ber. Development of efficient multistage centrifugal pumps therefore has
required extensive laboratory performance testing of various configurations
of pump internal casing flow path channel geometry.

Having sufficiently low inlet flow velocities at the impeller eye to avoid
cavitation, the optimum hydraulic configuration is often the double suction
casing design. The double-suction design is essentially a configuration with
an impeller that resembles two single-suction impellers mounted back-to-
back so that the impeller has two inlets and one discharge. This approach
is common in boiler feed water booster pumps and in nuclear feed water
pumps to avoid cavitation. Some multistage feed pumps have a double-
suction first stage as an alternative to having a separate booster pump. In
contrast to fossil fuel-fired power plants, feed water pumps for nuclear
power plants are typically single-stage double-suction pumps as typified by
the nuclear feed pump illustrated in Figure 1.7. An observant walk through
the typical power plant reveals that many different types of pump services
employ a double-suction centrifugal pump configuration, the design moti-
vation usually being that a double-suction design is often the optimum
approach to avoid cavitation. Cavitation is an extremely important topic in
centrifugal pump design and operation, and is separately treated later in
this chapter.

The energy imparted to a fluid by a centrifugal pump impeller is con-
tained in two parts: (1) the fluid’s pressure increase through the impeller

2 Volute

/— Suction volute -\

L
ey
=

Axial view ¢ Radial view
Flow

FIGURE 1.5
Suction volute inlet flow channel.
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Twin-volute interstage piece

Volute side

FIGURE 1.6
Multistage pumps.

(the major portion), plus (2) the fluid’s velocity increase through the impeller
(i.e., kinetic energy). The velocity of fluid just as it leaves the impeller is gen-
erally much higher than fluid velocity exiting at the pump discharge flange.
That is, the pump discharge fluid average velocity essentially matches the
average fluid velocity in the piping, which transports the pumped fluid
away from the pump to its destination. Clearly, efficient hydraulic design
needs smooth flow deceleration/diffusion to maximize the amount of
available fluid kinetic energy at the impeller exit that is transformed into
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FIGURE 1.7
Typical double-suction feed pump for nuclear power plants.

additional pump discharge pressure energy a la Bernoulli’s equation, as
follows:

2
h+ Pt ;}— = Energy. For zero elevation change (Ah = 0)
T =8

2

and 100% efficient diffusion yields Ap = ?—
8

As illustrated in Figure 1.3 and previously explained in comparing centrif-
ugal pump impellers to turbine impellers, more care is required to efficiently
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decelerate flow than to efficiently accelerate flow. Therefore, configuring
the casing discharge section for energy efficient collection and diffusion of
impeller discharge flow requires an even more challenging hydraulic design
endeavor than for the suction section of the casing. The high power con-
sumption of large centrifugal pumps that permeate electric power generat-
ing plants places a much higher priority on pump hydraulic efficiency than in
many other industrial applications using smaller power centrifugal pumps.

1.2 Centrifugal Pump Theory

Centrifugal pumps were already a well-developed mature type of machin-
ery before the advent of the modern high-speed digital computer. Today’s
pump designers, of course, have available general-purpose computer codes
for developing the impeller and casing geometry for any new design. But
as is now widely appreciated by savvy engineers, many users of modern
engineering computer codes (most prominently finite element analysis, FEA)
are clueless on the fundamental theory and limitations of what is inside the
code. A basic understanding of how a centrifugal pump works best starts
with the elementary precomputer explanation of how the pressure rise and
flow of a centrifugal pump are produced. One of the early books on centrifu-
gal pumps most frequently referenced in its time is that of Pfleiderer (1932),
which is in German. The book in English most frequently referenced is by
Stepanoff (1957). But the published literature on the subject is now enormous.
The presentation here on the basic theory of centrifugal pumps is mostly
inspired by Stepanoff.

1.2.1 Pump Impeller Flow and Head Production

The elementary theory starts with what are commonly called the wvelocity
triangles. They are constructed from the three velocity vectors at a particu-
lar point in the pump impeller flow path as follows: (1) absolute impeller
peripheral (tangential) velocity, u; (2) fluid velocity relative to impeller, w;
and (3) absolute fluid velocity, c. While such velocity vector triangles can be
made to represent any flow point within the impeller, focus is usually upon
the impeller flow entrance (subscripted “1”) and impeller flow exit (subscripted
“2”). Figure 1.8 shows a typical looking set of entrance and exit velocity vec-
tor triangles. The angles « and p shown on the velocity triangles are for the
fluid velocity angle relative to the impeller (f) and the absolute fluid veloc-
ity angle (o). The illustrated vertical velocity components c,, and c,,, are the
absolute radial velocity components and thus correspond to the impeller net
through flow. Here all the velocity vectors are taken as the average veloc-
ities over the plane normal to the average flow relative to the impeller at
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FIGURE 1.8
Example impeller velocity triangles at entrance and discharge points. (a) Entrance, (b) dis-
charge, and (c) superimposed on impeller vanes with impeller forces.

that point. This is, of course, an engineering approximation of the actual 3D
velocity distribution. Modern computer codes for modeling impeller flow
fields are not limited by this approximation. However, this traditional pre-
computer design-theory approach still provides a clear picture of how the
pump impeller produces head. That is, utilizing Newton’s second law for
rotational motion, that is, the time rate of change of angular momentum vec-
tor J1 is equal to the applied torque vector T causing that angular momentum
change. The i and T vectors align with the axis of impeller rotation, so their
scalar axial magnitudes T and / can be used here.

dh
== 11
7 (L1)

The impeller net driving power P (excluding various friction losses) is then
given by Equation 1.2, where dm/dt = Qy/g is the net mass flow rate passing
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through the impeller, Q is the volume flow rate, y is the fluid weight density,
g is the gravitational constant, and  is the impeller angular velocity:

P=To= g(n(rzc2 COS 0L, — 1,C; COS QL) (1.2)
8

Substituting u = wr into Equation 1.2 condenses the equation for the net
impeller input power P applied to the liquid by the impeller vanes to the
following equation:

P= ify(uzcu2 —UiCpy) 1.3)

Neglecting for the time being the energy losses between impeller output
and the hydraulic power determined from external flow and pressure mea-
surements, the following expression results by equating measured hydraulic
power output of a pump stage to the impeller power applied to the liquid
(Equation 1.3).

QvH, = ci;y(uz’fuz —UyCyy) (14)

Eliminating Qy from Equation 1.4 yields Euler’s equation for H,, the input
head (units of length), as follows:

H = UpCyp —UC iy (1.5)

8

For a pump stage with assumed zero-energy input head at the impeller
suction inlet point, Equation 1.5 simplifies Euler’s equation as follows:

H, = %22 (1.6)

g

Applying the trigonometry law of cosines to the velocity vector triangles
in Figure 1.8 transforms Equation 1.4 as follows:

(2 -c3)+ (1 )+ (w? —w?) (17)

2g

H. =

1
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(c§ - cf) /2g gives the kinetic energy (KE) portion of H,, while [(u% - ulz)+
(wf - w3 )] /2g is the pressure-increase portion of H,.

In an oversimplified pseudo 1D concept of flow through an impeller, one
would visualize the flow streamlines relative to the impeller as closely con-
forming to the flow channel shape between two adjacent vanes (e.g., see
Figure 1.1 for the 100% design flow case). However, the actual velocity dis-
tribution within the impeller is far more complicated for a number of funda-
mental reasons.

First, in order for an impeller vane to apply energy to the liquid, the vane
surface that is “pushing” the liquid must have a higher average pressure dis-
tribution upon it than the adjacent vane surface that is “pulling” the liquid.
So each vane has a high-pressure side and a low-pressure side consistent
with the impeller continuously adding energy to the liquid as it progresses
through the impeller from entrance to discharge.

Second, the liquid’s rotary inertia between two adjacent vanes will resist
rotating with the impeller’s speed. So a counterrotational flow recirculation
relative to the impeller will occur between each set of adjacent vanes, as illus-
trated in Figure 19. This relative recirculation flow is superimposed upon
the through flow, thus tending to produce lower relative velocity nearer the
high-pressure side of a vane and a higher relative velocity nearer the low-
pressure side of a vane.

Third, pumps frequently are operated over a broad range of the usable
flow capacity of the pump. The patterns and unsteadiness of impeller flow
become more pronounced at off-design capacities than at the BEP 100% flow
condition, thus further complicating the actual impeller 3D flow patterns.

Clearly, the precomputer age development of centrifugal and axial flow
pump designs necessitated considerable laboratory testing of prospective
pump flow-path configurations. Accordingly, such test results have tradi-
tionally been highly proprietary information within each of the major pump

% =

N

FIGURE 1.9
Relative circulation between two adjacent vanes.
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manufactures. While present computation fluid mechanics (CFM)-based
pump design modeling computer codes have surely reduced the degree of
laboratory testing needed, research and development tests have remained
essential. For example, to provide the CFD codes with various empirical
input phenomenological coefficients (e.g., viscosity, density, vapor pressure
versus temperature, etc.), testing is required to hone the CFD codes’ inputs
for optimum accuracy in predicting pump performance; that is, testing to
“calibrate” the CFD codes sufficiently to eliminate or at least significantly
reduce the need for performance testing. This collaborative interaction
between CFD code use and empirical-based code inputs permeates all pres-
ent turbomachinery development, including modern aircraft gas-turbine jet
engines.

To avoid confusing the input head (H;) and the Euler head (H,) will be used
here. For the simplest Euler expression (no entrance energy, e.g., zero prerota-
tion of impeller entrance flow) the following expression is obtained from the
discharge velocity triangle and Equation 1.6:

H, =2 b (18)
‘¢ tanp,

This provides an equation of a straight line essentially showing head ver-
sus flow for §, < 0 for 100% efficiency as illustrated in Figure 1.10. For efficient
pumps, the normal range for vane discharge angle is 20° < f, < 25°. Due to
the recirculation of liquid within the impeller, as illustrated in Figure 1.9, the
actual discharge angle of the liquid relative to the impeller (say B ) will be
smaller than the vane discharge angle f,. And the actual entrance angle of
the liquid relative to the impeller (B{) will be larger than the vane entrance
angle f,. Altering the velocity triangles in Figure 1.8 to reflect the actual lig-
uid entrance and discharge angles relative to the impeller shows why the

Off-BEP flow
distortion
losses .
Friction

/ losses
sy 100% efficient
)
= /1 O

< N
BEP \_,\\

Flow

FIGURE 1.10
Total dynamic head (TDH) versus flow; zero entrance energy, p, < 90°.
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actual energy absorbed by the liquid will be less than that given by Euler’s
equation.

1.2.2 Specific Speed and Design Parameters

There are several so-called dimensionless numbers that characterize fluid
dynamics, heat transfer, and other engineering specialties. Some of the most
commonly recognized ones include the Reynolds, Mach, Weber, Froude,
Nusselt, and Prandtl numbers. The most relevant number for a centrifugal
pump stage is specific speed. Although it is expressible as a dimensionless
number, it is not dimensionless when a mix of system units is employed, as
is common for centrifugal pumps. A dimensionless specific speed in English
or SI units can be expressed as follows:

an/Z
- (gH)3/4

S

where n = speed (rev/sec), Q = flow (ft*/sec), H = head (ft), and g (ft/sec?); or
in SI units where n (rev/sec), Q (m3/sec), H (m), and g (m/sec?).

However, the specific speed expression most commonly used in the United
States employs the following mix of units, which is not dimensionless:

e
No= 5 (19)

where the units used are Q (gpm), H (ft), and n (rpm). The specific speed used
in Europe is the same expression as Equation 1.9 employing SI units, but like-
wise is not dimensionless, as follows.

In the now widely referenced highly informative experienced-based
Worthington illustration shown in Figure 1.11, one immediately sees that
independent of impeller size, the optimum-homologous shapes of the shown
impeller geometries evolved uniquely as a function of specific speed, as are
the shown characteristic performance curves for head (H), efficiency (E), and
power (P) versus flow (Q). Also, the family of efficiency curves in Figure 1.11
shows the effect of pump size on efficiency, reflecting that overall efficiency
losses do not scale up in proportion to pump size. Additionally, the per-
formance curves illustrated at the top of Figure 1.11 show that for high-
specific-speed pumps, the required driving power P maxes as the flow is
reduced. Whereas for low-specific-speed pumps, the power maxes as flow
is increased. The most important observation from this is that for high-
specific-speed pumps where the drive motor is sized for a prescribed flow
range around it best efficiency point, the motor will become overloaded at
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FIGURE 1.11

Efficiency (E), head (H), and power (P) versus Flow (Q) and optimum impeller shapes as func-
tions of specific speed (Nj).

low flows. Therefore never start a high-specific-speed pump at the closed-
valve shut-off condition. Similarly for the same reason, to avoid driver over-
load, do not start a low-specific-speed pump at the valve wide-open runout
flow condition.

|
1.3 Centrifugal Pump Configurations
1.3.1 Pump Casing Entrance and Discharge Flow Paths

The impeller entrance/inlet flow and discharge flow paths are important
considerations in a well-designed centrifugal pump. The most desirable
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inlet flow condition is one with nearly uniform axial flow velocity, the objec-
tive being a smooth efficient entrance into the impeller. The most desirable
discharge flow condition is one that maximally recaptures pressure energy
from the impeller discharge flow kinetic energy (velocity head), previously
shown in Section 1.1. with the Bernoulli equation:

2
. ;— = Energy. For zero elevation change (A = 0)

Y =8
2

and 100% efficient diffusion yields Ap = \;U—
8

Figures 1.4 through 1.7 illustrate some typical casing entrance and dis-
charge configurations that have evolved through the development of mod-
ern centrifugal pumps. However, the impeller inlet and discharge flow
conditions will only be ideal when the pump is operating around its BEP, as
Figures 1.1 and 1.10 clearly illustrate. In addition to energy efficiency perfor-
mance considerations, the impeller inlet and discharge flow conditions have
pronounced unsteady-flow influences on vibration and noise performance of
a pump. This is especially so for high-energy pumps like feed water pumps.
Since nuclear power plants are profitable mainly when operated at full rated
power output to supply system base-load power, fossil fueled power plants
are cycled to provide load following. Under load following, the output flow
of major pumps also must be varied over wide flow ranges, particularly at
flows below the BEP. Vibrations and pressure pulsations at part load (low
flow) pump operation are critical influences contributing to pump compo-
nent wear, performance degradation, and inoperability/failure sources.

There are essentially two distinct types of flow discharge casings: volute
and diffuser. The two most common volute configurations are illustrated in
Figure 1.12. For the single-tongue volute, the static pressure circumferential
distribution is nearly uniform only at the design flow, that is, BEP. Therefore

$_/
(@ (b)

i
& \©
—\

FIGURE 1.12
Volute configuration: (a) single-tongue and (b) two-tongue.



18 Power Plant Centrifugal Pumps

at off-design flows, a circumferentially nonuniform static pressure distribu-
tion produces a net static radial force P upon the impeller as illustrated in
Figure 1.12a. In the early development period of centrifugal pumps, as speeds
and output pressures were being continually increased, it was learned that
a significant radial static impeller force was the main reason for high cyclic
shaft bending stresses resulting in material fatigue-initiated shaft failures.
Stepanoff (1957) was among the first to report on the static radial impeller
force in single-tongue volute-type centrifugal pumps Based on numerous
centrifugal pump test results in the industry, the magnitude of that static
radial force is typically approximated by Equation 1.10 (Adams 2010). The
maximum value of K depends upon various hydraulic design features, with
Stepanoff reporting values for some single-volute pumps as high as 0.6 at
shut-off (Q = 0) operation.

P, = K.HD,B, /2.31 where, 144 in® /ft* /62.4 Ib/ft’ = 2.31in? ft/Ib (1.10)

where D, = impeller OD (inches), B, = impeller overall width including
shrouds (inches) H = head (feet), P, = radial resultant impeller force (pounds),

2

and K, = 0,36|:1—(Qj } dimensionless coefficient approximation from
BEP

many test results.

As illustrated in Figure 1.12b, the now common two-tongue volute config-
uration was devised to have the major portion of the single-tongue impeller
force P replaced by two nearly canceling force components. Multiple-tongue
volutes, while less common, have been employed by a few manufacturers.
In troubleshooting projects, the author has dealt with both equally spaced
three-tongue and four-tongue volute configurations.

Volutes simultaneously collect and decelerate the flow exiting from the
impeller. The common alternative to the volute approach is the diffuser con-
figuration, which first diffuses the impeller discharge flow and then col-
lects it in a nonspiral surrounding chamber. Figure 1.13 shows the essential
flow-path comparison between a two-tongue volute and a diffuser con-
figuration. As one would naturally expect, due to the multitude of equally
spaced diffuser vanes, it also tends to cancel out the net static radial force
upon the impeller. By separating out the in-series diffusion and collection
functions, the diffuser approach lends itself to somewhat higher stage effi-
ciency at the BEF. So it has been adopted more commonly in high-energy
pumps, for example, feed water pumps. However, at off-design operations,
for example, part-load low-flow operation, the diffuser is not quite as energy
efficient as the volute approach. That is, at off-design flows the diffuser flow
is more “unhappy” than in the less flow constraining, less finicky volute.
Furthermore at off-design unfavorable flows, the diffuser is more prone to
vane damage accrual than is a tongue in a volute.
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FIGURE 1.13
Comparison of volute and diffuser: (a) two-tongue volute and (b) diffuser.

The fluid within and surrounding the impeller also produces dynamic
(time varying) unsteady-flow forces upon the impeller. Available data from
laboratory tests for the dynamic impeller forces is presented and delineated
by Adams (2010) as comprised of two parts:

e Strictly time-dependent unsteady flow forces

e [nteraction forces produced in response to rotor orbital vibration
motion

The interaction dynamic forces are mathematically modeled from test data
similar to how journal bearings and dynamic seals are modeled for rotor
dynamic analyses, that is, employing a linear dynamics model with stiffness,
damping, and virtual mass components as detailed by Adams (2010). The
unsteady flow forces are mathematically modeled from test data using an
equation similar to that in Equation 1.10 for the static radial impeller force,
as follows:

P, (rms)
YHD,B,

K,(rms) = Dimensionless with consistent units (SI or English) (1.11)

where D, = impeller OD, B, = impeller overall width including shrouds, H =
head, P, = radial impeller unsteady flow force, y = weight density of liquid,
and rms is the root-mean-square time averaging.

The severity of unsteady flow impeller forces is strongly influenced by the
quality degree of the hydraulic design and manufacturing precision of the
impeller. Values for K,(rms) are given by Adams over a wide frequency range
from laboratory test results of a pump stage of very good hydraulic design
and a high-precision made impeller, that is, best-case scenario. Figure 1.14
shows an example of K,(rms) test results as a function of frequency and
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FIGURE 1.14
Spectrum (rms) of broadband impeller unsteady-flow impeller force.

percent of BEP flow. These results clearly explain the large subsynchronous
vibration and pressure pulsation amplitudes in high-energy pumps at low
flow operation, for example, feed water pumps at part-load power outputs.
This obviously explains the standard requirement for feed water pumps
to have a part-load bypass flow line to prevent the pump from experienc-
ing flows below typically 25% of Qggp when the delivered flow is less than
25% of Qggp. There are many feed water pumps now in service where the
manufacturers have compromised the hydraulic design to maximize the
peak efficiency a bit for the BEP, but at the expense of producing increased
unsteady flow impeller dynamic forces for Q < Qggp. This has required that
some bypass flow lines be enlarged, typically to 35% Qggp.

1.3.2 External and Internal Return Channels of Multistage Pumps

The cross section of a modern barrel-type boiler feed water pump illustrated in
the top portion of Figure 1.6 is an example of a multistage horizontal pump
employing twin-volute internal stage-to-stage return channels. This is an
improvement, both structurally and efficiency wise, over the older multi-
stage split-casing configurations employing external return channels like
that shown in Figure 1.15. The older configurations with external return
channels are typically 3% to 4% less efficient than the newer internal cross-
overs designs. As an alternative to the twin-volute internal crossover return
piece shown in Figure 1.6, some manufacturers employ an interstage piece
with diffusers vanes instead of a twin-volute interstage piece like shown in
Figure 1.6. Stepanoff (1957) provides design overviews for all these return
channel configurations, both for horizontal and vertical centerline pumps.
Current-era installed steam-powered main turbines in the United States
are essentially all part of combined-cycle plants, for example, the combined
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FIGURE 1.15
Split-casing eight-stage pump with external crossovers.

FIGURE 1.16
(See color insert.) Radially split ring-section feed water pump.

waste heat from three 150 MW combustion gas turbines is used to produce
the steam for a 400 MW steam turbine. For these combined-cycle-plant steam
turbines, the feed water pumps generally adopted are of the radially split ring-
section configuration such as shown in Figure 1.16. These pumps are less first-
cost expensive than the superior more robust barrel-type feed water pumps.

1.3.3 Pump Priming

Properly sealed positive displacement pumps are self-priming because they
work on the principle of pushing a volume and thus can pump out a gas.
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Centrifugal pumps on the other hand are not automatically self-priming
because they operate on the principle of increasing the pumped medium’s
angular momentum (Section 1.1.2), thus developing only a small pressure rise
when filled with a gas instead of a liquid. For the interested reader, Karassik
and Carter (1960) provide an entire chapter devoted to centrifugal pump prim-
ing. Quoting Karassik and Carter: “A centrifugal pump is primed when the
waterways of the pump are filled with liquid to be pumped. Removal of the
air, gas or vapor may be done manually or automatically, depending upon
the type of equipment and controls used.”

1.3.4 Controls

As a trade-off with the automatic self-priming quality of positive displace-
ment pumps, centrifugal pumps are much easier to control than positive dis-
placement pumps. This is because centrifugal pump operating characteristics
are quite adaptable to various system head-capacity applications and startup.
As in the case of pump priming, Karassik and Carter (1960) also provide
an entire chapter devoted to centrifugal pump controls. The most important
example of this is controlling pump flow. In the case of a centrifugal pump,
although the best efficiency is only at one flow point with constant rotational
speed, the flow delivered can be simply controlled with a throttle valve, as
done with a full array of power plant centrifugal pumps during power load
following (see Chapter 2, Figure 2.2). On the other hand, positive displacement
pumps at constant speed operation require a bypass flow line as illustrated in
Figure 1.17. This is because with a fixed volume flow rate of an incompressible
fluid, the flow volume has to go somewhere, not being able to simply recircu-
late within the pump itself. And of course, if it is possible for this bypass value
to be closed, there must then also be a pressure relief valve to prevent the seri-
ous consequences of starting/running a positive displacement pump with
closed shutoff. As with positive displacement pumps, centrifugal pump out-
put can also be controlled by speed control in variable-speed driven pumps.

Bypass
! valve
Throttle

valve

fl
In flow Out flow
4
Positive
displacement
pump

FIGURE 1.17
Elementary control loop for a positive displacement pump.
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Pump Performance, Terminology,
and Components

Power plant pumps are major players both in the overall electric power
generation heat-rate efficiency and in plant availability. So the importance
of pump power efficiency performance, avoidance of forced outages, and
required downtime needed for major overhauls each individually compete
for priority with the pump original equipment manufacturer’s (OEM) first-
cost price tag, at least in the minds of prudent power producers.

2.1 Hydraulic Performance and Efficiencies

In his landmark report, Makay (1978) clearly documented that in high-energy
density pumps, too much emphasis had often been placed on maximum
pump efficiency at full load, resulting in unfavorable hydraulic performance
(e.g., hydraulic instabilities) at part-load operation. Makay reports on numer-
ous troubleshooting examples where severe hydraulic instability (flow surging)
caused high levels of pump vibrations and pressure pulsations, leading to
seal, bearing, shaft, impeller, and axial thrust-balancer failures. He recom-
mended comprehensive shop-witness tests of new pumps over the entire
operating speed and flow ranges, with all performance and reliability param-
eters carefully measured.

The hydraulic efficiency of a centrifugal pump can be expressed by the
ratio of fluid power produced by the pump to the shaft power needed to
drive the impeller, as follows:

_ Fluid power produced by pump % 100% = YRH x 100% (VX))
- .

~ Power required to drive impeller

where T = impeller torque, ® = speed (rad/sec), Q = flow, H = head, and y = liquid
weight density.

23
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FIGURE 2.1

Pump efficiency, head, and power versus flow at constant speed.

The mechanical efficiency can be expressed as the ratio of shaft power
absorbed by the impeller to the total shaft input power, as follows:

_ Power absorbed by impeller < 100% — Tw

: % 100% 2.2
Total shaft input power Pipate

m =

where Power absorbed by impeller = Total shaft power — Mechanical losses.

Mechanical losses include those from bearings, seals, and stuffing boxes.
Stepanoff (1957) gives additional formulations for these efficiencies, as well
as delineations of the sources of hydraulic and mechanical energy losses as
functions of flow and specific speed. Figure 2.1 shows a typical plot of pump
efficiency 1, head H, and power P, as functions of flow Q at constant rota-
tional speed.

2.2 Intersection of Pump and System Head-Capacity Curves

A pumped liquid flow loop is analogous to a direct current (DC) electrical
circuit, where the pump is like the battery, the flow path resistance is like the
circuit electrical resistance, the pump head is like the battery voltage, and the
pump flow is like the electrical current produced. So in steady-state opera-
tion, the pump’s operating point on its head-capacity curve will naturally
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FIGURE 2.2
Intersection of a pump H-Q curve and two different system H-Q curves.

have to match a point on the flow system’s head—capacity curve. That is, for
steady-state operation the pump H-Q operating point must equal a point on
the system H-Q curve. The system head-capacity curve is comprised of two
additive parts: the fixed head and the flow-dependent head.

The flow-dependent portion of the system head—capacity curve is gener-
ally of a parabolic-like function of flow since it is from the friction resistance
to flow in pipes, heat exchangers, and so forth. The fixed head portion can be
comprised of two parts: the static head (elevation change under gravity) and
an additional imposed static pressure head. Figure 2.2 illustrates this for two
system H-Q curves for two different control valve settings. The selection of a
pump well suited for a given application starts by matching the pump H-Q
curve with the system H-Q curve.

2.3 Cavitation Damage and Pump Inlet
Suction-Head Requirements

2.3.1 Description of Pump Cavitation Phenomenon

Cavitation starts with the formation of vapor pockets or cavities (steam
bubbles) in any flowing liquid when the liquid flows into a location where
the pressure becomes lower than the liquid’s vapor pressure. Naturally this
fundamental phenomenon is not restricted to pumps. In centrifugal pumps,
cavitation is most likely to occur at the inlet (suction) region of the impeller
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on the low-pressure (trailing) side of the impeller vanes. As these vapor
pockets are swept with the flow further into the impeller they experience the
progressive increase in liquid pressure that the impeller naturally produces.
These vapor pockets will therefore collapse inside the impeller. But because
the transient from vapor back into liquid involves thermodynamic heat
transfer, the collapse of the vapor pockets does not occur immediately upon
experiencing a pressure that just exceeds the vapor pressure. The very small
but finite thermodynamic time delay for the vapor pockets to collapse means
that the collapse will occur at points where the local pressure has already
exceeded the vapor pressure by a significant amount. In consequence the col-
lapse of the vapor pockets creates violent implosions that act to progressively
erode the impeller vane surface if the pump is operated with insufficient
suction pressure to disallow the initial formation of vapor pockets. Collapse
of the bubbles is nonspherical, being more correctly likened to an intense
microjet. Karimi and Avellan (1986) provide an in-depth insightful presenta-
tion of their fundamental research on cavitation.

When the intense microjet is closely directed into the vane surface, it con-
tributes significantly to vane surface erosion. Figure 2.3 is a photo of a cen-
trifugal pump impeller vane inlet that has incurred substantial cavitation
erosion damage. Naturally, such damage adversely affects pump energy effi-
ciency as well as impeller structural integrity.

Cavitation caused erosion can also occur on hydro turbine vanes at the
discharge low-pressure region of the turbine impeller. This can occur for
example when a turbine is operated at output power levels exceeding the

FIGURE 2.3
Cavitation erosion damage of an impeller vane inlet.



Pump Performance, Terminology, and Components 27

design power rating of the turbine, feasible if the unit’s generator is rated
above the turbine’s power rating. Such an operating point above the turbine’s
rating might be chosen during the seasonal spring heavy run-off river flow.
The author has witnessed examples of this at hydroelectric plants employ-
ing axial-flow Kaplan turbines where the generating income from the extra
power so produced substantially exceeded the cost of periodically stainless-
steel recladding the cavitation-damaged portion of the turbine impeller vane
surfaces.

2.3.2 Laboratory Shop Testing to Quantify Pump Cavitation Incipience

Causes of pump cavitation primarily include inadequate net positive suction
head (NPSH), that is, not enough pressure at the pump inlet; flow recircu-
lation at the impeller eye while operating at off-design flows (see Chapter 1,
Figure 1.1); incorrect vane inlet angle p;; and localized high fluid veloci-
ties caused by sharp corners and/or misplaced and blunt inlet guide vanes
(Makay 1978).

Required NPSH is a basic characteristic of a pump stage and thus is deter-
mined as part of the controlled testing of any new hydraulic design. The
standard test to quantify the required NPSH for a pump stage entails hold-
ing constant the head produced by the stage for a given flow and slowly
reducing the suction head until the head produced exhibits a sharp decline;
that is, slowly reducing both the discharge and inlet heads simultaneously
at the same incremental amount, maintaining their difference constant. This
slow reduction in NPSH is continued until the pump exhibits a pronounced
decrease in performance by a drop in head and/or drop in the experimen-
tally determined head-ratio coefficient ¢ of Thoma (1937), which is based on
flow dynamic similitude of geometrically homologous stages operating at
the same specific speed. Thoma’s coefficient is defined as follows (see veloc-
ity inlet triangle in Chapter 1, Figure 1.8):

2 2
S ah=cH 2.3)
2g 28

Figure 2.4 shows a graph of test points from a typical controlled variable-
NPSH test to determine the minimum NPSH required to avoid cavitation for
the tested H-Q operating point.

Traditionally, the required minimum NPSH has been defined by the pump
industry to be where the performance drop is 2% of the performance illus-
trated in Figure 2.4. However, Makay highly recommended in many of his
publications that, especially on high-energy pumps like for feed water, 2% is
too high and is thus insufficiently conservative, preferring instead the lowest
value perceptible from careful interpretation of the test results.
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FIGURE 2.4
Pump performance to find required NPSH at constant speed and flow.

2.3.3 Required Net Positive Suction Head and Available
Net Positive Suction Head

As already stated in Section 2.2, the selection of a pump well suited for
a given application should start by matching the pump H-Q curve with
the system H-Q curve, as shown in Figure 2.2. In addition and of equal
importance is making sure that the available NPSH at the application site
comfortably exceeds the minimum required NPSH of the pump. Figure 2.5
shows a typical graph of the required NPSH as a function of flow com-
bined with the pump head-capacity and efficiency curves for two differ-
ent types of suction nozzles. The larger the margin between the available
and required NPSH, the greater is the margin of protection from cavitation
that can occur even when the available NPSH exceeds the required NPSH,
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FIGURE 2.5

Example of required NPSH at constant speed for two different suction nozzles. Straight suc-
tion nozzle (straight line), flat elbow suction nozzle (dashed line).
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for example, from inlet flow distortions at the impeller eye as itemized in
Section 2.3.2.

The presence of pump cavitation can be detected by measuring the result-
ing fluid-borne noise with piezoelectric pressure transducers or from solid-
borne noise measured with accelerometers. The strength of these cavitation
noise signals can be especially strong in high-energy pumps, depending on
the severity of the ongoing cavitation. When significant pump cavitation is
detected from noise measurements and/or erosion damage of impeller vane
inlets (see Figure 2.3), injection of air into the pump suction zone can miti-
gate the damage potential of the cavitation. Such continuous air injection
during operation acts as a “cushion” to lessen the severity of the violent
vapor pocket collapses described in Section 2.3.1.

2.3.4 Operation of Pumps in Parallel

There are a number of reasons why parallel operation of two or more pumps
is a preferred alternative to using one sufficiently large pump alone to pro-
duce 100% of an application’s flow requirements. In a common circumstance
illustrated in Figure 2.6, two pumps in parallel can allow continued system
operation, albeit at a reduced capacity, when one of the two pumps needs to
be taken out of service, for example, due to symptoms of impending failure
or unexpected outright failure to operate. That is why most power plant feed
water systems have two 50% pumps. Because of the parabolic-like shape of
the pipe-like friction portion of the feed water system H-Q curve, operation
out to approximately 65% of the feed water system’s rated capacity is fea-
sible with just one 50% feed water pump (see Figure 2.2). So the main steam
turbine-generator unit can produce approximately 65% of its rated capacity
with only one 50% feed water pump operating. It is important that pumps
operated in parallel have near identical H-Q curves, otherwise the total flow
will not be equally divided between the pumps.

X Gate valves
[
[
Z Gate valves

Piping schematic for two pumps operating in parallel.

Discharge

FIGURE 2.6
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2.4 Mechanical Components
2.4.1 Shafts

As with rotating-machine shafts in general, a pump shaft carries all the
rotating parts that are attached to it. Pump shafts therefore carry at least
the impeller(s), even for the simplest least demanding centrifugal pump
applications (e.g., swimming pool). Power plant pumps are among the most
demanding of pump applications. And the most demanding among power
plant pumps are perhaps the feed water pumps. Those pumps have shafts
that carry not only the impeller(s), but various shaft sleeves, rotating parts
of dynamic seals and thrust-balancers, and coupling components. The con-
fluence of static and dynamic forces (see Figure 2.7) imposed upon a high-
energy pump shaft demand concerted engineering attention to its design.

Even with the best of design practices, the torturous duties of high-energy
pumps are so pervasive that shaft failures still occur. Shaft failure of course
causes a forced outage of the pump as well as reduced power output of the
generating unit. Figure 2.8 shows the most frequent locations for shaft fail-
ures in multistage high-energy pumps.

Vibration characteristics are a strong function of shaft geometry. As
described in “Troubleshooting Case Studies,” Section III of this book, pump
rotor vibration is both a revealing symptom for a number of different pump
operating problems as well as a concern itself when vibration levels exceed
recommended maximum allowable values.

Clearly, proper design of the shaft, for example, correct shrink fits, no
square shoulders, manufacturing procedures, heat treatment, conscience
quality assurance, power torqueing of retaining nuts, and correct alignment,
are all very important in preventing shaft failures.

2.4.2 Couplings

The two basic coupling types used to connect pumps and drivers are the
rigid adjustable and the flexible. Dufour and Nelson (1993) provide a quite
complete treatment of all the coupling configurations in use for connecting
pumps to their drivers. Close-coupled vertical-centerline pumps utilize a
rigid adjustable coupling that transmits axial load up or down to the motor
shaft. The coupling thus combines the motor and pump shafts into a single
shaft as illustrated in Figure 2.9. Since the weight and axial hydraulic forces
of a vertical rotor pump are carried in the axial thrust direction by the thrust
bearing(s), the radial bearing support points do not compete for determin-
ing pump-to-driver alignment to the large extent encountered by horizontal
rotors. Thus horizontal rotors usually require a flexible coupling to accommo-
date the unavoidable radial misalignments that accrue from assembly toler-
ances, differential thermal expansions, support structure shifting, and so on.
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Multistage boiler feed water pump. (a) Pump cross section and (b) sources of interaction and
unsteady flow rotor forces.



32 Power Plant Centrifugal Pumps

Impeller hub
Shaft groove or interstage
external damages

=

Failure location Shrunk-on part
Possible failure location such as coupling,
Threaded or shrunk- Balancing device sleeve, etc.

on parts /) < or thrust collar
/ Lock-nut

N

v

Usual failure location

FIGURE 2.8
Multistage pump frequent shaft failures, order numbered by frequency.

FIGURE 2.9
Rigid adjustable coupling for vertical pumps.
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There are a number of mechanical flexible coupling types of which gear
couplings are the most common, typified by the cutaway photo in Figure 2.10.
Gear couplings have high torque capacity and are relatively compact. But
due to the oscillatory relative slipping between the mating teeth, lubrication
by oil or grease is required. This is the major disadvantage of gear couplings
since inattention to this by maintenance personnel can result in sudden sei-
zure, causing shaft breakage. The photo in Figure 2.11 shows the destroyed

O-ring

Internal gear
Crown gear

FIGURE 2.10
Gear coupling.

FIGURE 2.11
(See color insert.) Pump shaft after sudden seizure of lubrication-starved gear coupling.
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shaft of a 14,500 hp boiler feed water pump caused by the sudden seizure of
the gear coupling due to the absence of adequate lubrication.

The grid coupling is a competitor to the gear coupling. It has roughly half
the torque capacity per unit of weight as the gear coupling. But it shares the
disadvantage of the gear coupling in that it also needs lubrication. Figure 2.12
shows two common configurations for the grid coupling.

Flexing-element couplings utilize an elastomeric flexure element or a metal-
lic flexure element; an example of each is illustrated in Figure 2.13. Both
renditions eliminate the need for lubrication, a significant advantage over
the gear and grid coupling types. The elastomeric flexure design utilizes
low-strength materials, which means the size and weight increase consid-
erably with increase in torque requirements. The metallic flexure element
design accommodates both angular and translational centerline-to-centerline
radial-offset misalignments, but can accommodate only about half of the
gear coupling offset. Flexing-element couplings are typically heavier than a
gear coupling of the same torque rating.

FIGURE 2.12
Two typical grid coupling configurations.

FIGURE 2.13
Flexing element coupling. (a) Metallic flexure element and (b) elastomeric flexure element.
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FIGURE 2.14
Diaphragm couplings.

For high-energy units like feed water pumps, Makay (1978) strongly rec-
ommended the diaphragm type coupling, with the flexibility provided by an
axial pack of one or more diaphragms (Figure 2.14). Flexing of the diaphragm
element(s) provides both angular and translational centerline-to-centerline
offset misalignments. They have high torque capability and do not require
lubrication.

2.4.3 Bearings

Bearings position the rotor and thus are the primary load-support points
for the rotor. They also are major players in the rotor vibration behavior of a
pump. There are basically two general types of bearings employed for pumps:
rolling-contact (usually ball bearing), often erroneously called anti-friction
bearings; and fluid-film (usually hydrodynamic). Utilizing a rolling-contact
bearing always entails choosing them from a bearing manufacturer cata-
log because of the specialized high precision manufacturing with very fine
contact surface finishes. In contrast, fluid-film bearings are often designed
and produced by the pump manufacturer, although there are manufacturing
suppliers of fluid-film bearings.

Rolling-contact bearings are all finite-life rated as rigorously instructed in
the manufacturers’ catalogs and well covered in a devoted chapter of any
standard undergraduate mechanical engineering machine design textbook.
The mechanism that limits rolling-contact bearing life is subsurface initiated
high-cycle material fatigue, which is caused by the periodic intermittency of
the ball or roller contact surface loads traveling over raceway surface points
of the bearing (see Figure 2.15). The associated fatigue crack starts in a race-
way subsurface plane of maximum alternating shear stress per the classical
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FIGURE 2.15
Typical distribution of contact loads in a rolling-contact bearing.

Hertzian contact stress theory. This failure process culminates with small
but macroscopic surface flakes of raceway material detaching (called spall-
ing). However, even though subsurface initiated fatigue is the ultimate life
limiter of rolling-contact bearings, in many instances the bearing life is cut
shorter for other reasons such as improper installment setting, inadequate
lubrication, hard particle dirt ingestion, moisture, and corrosion.

Hydrodynamic journal and axial thrust bearings are designed to operate
under load with a small but finite minimum lubricant film thickness with-
out rubbing contact. Theoretically, solving of the Reynolds lubrication equa-
tion (Adams 2010) suggests “infinite life.” But, of course, some combination
of starts and stops, over loads, hard particle dirt ingestion, starved lubri-
cation, excessive journal-to-bearing axial misalignment, and so forth will
keep a fluid-film bearing from lasting “forever.” Yet there is no well-defined
life limiter as there is for rolling-contact bearings. Figure 2.16 illustrates the
basic 360° cylindrical journal bearing with pressure distribution and nomen-
clature. W is the static load upon the bearing; F is the instantaneous fluid
film force upon the journal, which includes the static portion -W plus the
dynamic reaction to journal orbital vibration.

Pivoted (or tilting) pad journal bearings (PP]B) have been frequently uti-
lized by pump designers and as retrofit improvements in high-energy high-
speed pumps, because of PPJBs’ superior rotor vibration characteristics. But
they require informed technical understanding by the pump designer to
avoid their misapplication. With the illustrations in Figures 2.17 and 2.18,
Adams (2010) explains the function and proper application of PPJBs.

Ball bearings readily support both radial and axial thrust loads. Even
radial-contact ball bearings can support some modest thrust load. For simul-
taneous support of substantial radial and thrust loads, angular-contact ball
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FIGURE 2.19
Hydrodynamic thrust bearings. (a) Fixed profile and (b) self-aligning tilting pad.
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bearing configurations are well suited. However, when employing hydro-
dynamic fluid-film bearings, a separate axial thrust bearing is required,
as is obvious from Figure 2.16, which shows that a journal bearing’s load
capacity is limited to the radial direction. That is, the journal is free to
translate axially with respect to the journal bearing. Two frequently
employed hydrodynamic axial-thrust bearing configurations are shown
in Figure 2.19.

2.4.4 Seals

Like turbomachinery in general, centrifugal pumps need shaft seals to con-
trol leakage from inside the pump to the outside, as well as to control inter-
stage leakage between stages within multistage pumps. Figure 2.7 locates
both of these pump-sealing functions. Buchter (1979) is a most comprehen-
sive reference on industrial sealing. The seals employed for centrifugal pump
needs are from a multitude of types and configurations. Figure 2.20 catego-
rizes the total domain of seal types starting with the two major categories:
static seals and dynamic seals. Static seals refer to sealing between two parts
that are not in relative sliding motion, whereas dynamic seals refer to seal-
ing between two parts that are in relative sliding motion. The specific seal
category in Figure 2.20 that pertains to centrifugal pumps is seals for rotat-
ing shafts. Figure 2.21 further delineates rotating shaft seals. However, some
of the dynamic seal types for rotating shafts incorporate static seals, such as
O-rings. To zero in on seals used specifically for centrifugal pumps, Dufour
and Nelson (1993) is quite complete, especially for pump users’ needs.
Smooth bore cylindrical bushings are frequently used to control leakage at
the eye of the impeller and are usually referred to as wear rings. That is, they
minimize the portion of impeller discharge flow that escapes back into the
impeller inlet flow, a direct efficiency loss. Smooth bore bushings are also
frequently used to control leakage at the high-pressure side of the impeller to
minimize leakage from the next downstream impeller inlet in a multistage
pump. Pressure at the next downstream impeller inlet is higher than the

Static seals Dynamic seals

| | I |
Gaskets ~ O-rings  Sealants Seals for rotating Seals for reciprocating
shafts parts

FIGURE 2.20
General seal categories.
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FIGURE 2.21
Rotating shaft seals used in centrifugal pumps.

pressure at the upstream impeller discharge, because the upstream impeller
discharge flow is diffused before reaching the downstream impeller (see
Figure 2.7). However, the pressure drop across an interstage bushing is con-
siderably smaller than that across the impeller eye wear ring. The diffusion/
collection region of the pump (volute or diffuser) is discussed in Chapter 1,
Section 1.3.1 (i.e., Ap = yv?2/2g). Three commonly used versions of the smooth
bore bushing annular seal are illustrated in Figure 2.22.

In addition to controlling impeller-eye and interstage leakages, smooth bore
bushings also produce a rotor centering force that is (a) proportional to the
pressure drop across the bushing, (b) proportional to the rotor-to-bushing
radial eccentricity, and (c) inversely proportional to the radial clearance.
This is called the Lomakin effect, explained in detail by Adams (2010). Over a
period of time the bushing clearances naturally enlarge due to rubbing wear,
which not only degrades pump efficiency but also proportionally reduces
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FIGURE 2.22

Smooth bore annular seals. The arrows represent the direction of flow (clearances exaggerated).
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the beneficial rotor-dynamic centering stiffness Lomakin effect. It is widely
recommended that when these bushings wear open to about twice their
as-new value, they should be replaced. Thus the three reasons for this rec-
ommendation are as follows:

1. Return the pump to its as-new efficiency.

2. Reduce the amount of impeller inlet flow distortion caused by the
impeller eye wear ring leakage mixing back into the primary impel-
ler inlet flow.

3. Prevent a rotor vibration critical speed originally above the maximum
operating speed from dropping into the operating speed range.

In some modern designs of high-energy pumps, specific efforts to improve
pump vibration behavior by optimizing bushing geometry to increase their
radial stiffening capability has been foiled when the bushings wear open
and a critical speed drops into the operating speed range. The as-new radial
clearances are typically twice the journal bearing radial clearances to ensure
the bushing seals do not inadvertently act as primary bearings. However, in
some vertical multistage pumps with quite long skinny shafts, the interstage
bushings do in fact become bearings.

Grooved configurations (Figure 2.23) are an alternative for the same impel-
ler controlled leakage functions just described for smooth bore bushings.
Deep grooved configurations are more forgiving to rotor-stator rubs, that
is, less likely to seize under extreme rub conditions. However, while their
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FIGURE 2.23

Examples of circumferentially grooved annular seals. (a) Labyrinth seals; groove depth much
larger than radial tip clearance. (b) Shallow-grooves; groove depth approximately equal to tip
clearance.
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leakage control capability is comparable to smooth bore bushings, they have
virtually no Lomakin effect, that is, no radial stiffening effect. Makay pio-
neered the use of the shallow groove configuration (Figure 2.23b), which
retains some of the Lomakin effect (flat tooth tips) and retains some of the
rub forgiveness of the sharp-tooth-tip labyrinth (Figure 2.23a).

Preventing the pumped liquid from leaking inside the pump to outside
the pump is more than just a pump efficiency performance matter, but more
important it is often a containment and safety matter. Packing is the sim-
plest and oldest approach to pump shaft sealing. Figure 2.24 shows a typi-
cal packing-type shaft seal. The leakage for this seal type is not zero but is
quite small, adjusted by the packing gland to keep the shaft-rubbing pack-
ing rings lubricated by the pumped liquid. The packing gland is an axially
positioned-adjustable component used to provide the correct compression
force on the packing rings to seal properly while still keeping them ade-
quately lubricated.

Mechanical face seals are well suited to many power plant applications
like feed water and other high-pressure pumps. There are many different
configurations for face seals. A basic configuration is illustrated in Figure
2.25. The heart of the face seal is where the seal stator and seal rotor meet
face-to-face. That is where the seal pressure drop takes place. The spring is
employed to keep the faces in contact with a sufficient force to prevent the
faces from coming out of mating in operation. In order for this mechanism
to work, the mating surfaces must be extremely flat, typically within one
helium light band. The author has often heard, with some amusement, face-
seal “experts” state why these face seals work so well with such extremely
thin film thicknesses. They say it is because in manufacturing the mating
surfaces to be as close as possible to perfectly flat, they never of course quite
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FIGURE 2.24
Typical packing shaft seal.
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FIGURE 2.25
Basic mechanical face seal.

get them perfectly flat. To the author’s knowledge, the most comprehensive
treatment of face seal technology is that of Lebeck (1991).

A fluid-film variation of the face seal concept is employed in the pres-
surized water reactor (PWR) primary coolant pump in Figure 2.26. It is
the tapered-land fluid film seal that incorporates a radially convergent film
thickness in the flow path direction. It was developed in the early years
of commercial nuclear power by a major manufacturer of PWR primary-
loop coolant pumps. The primary-loop radioactive water nominal pressure
is about 2250 psi (153 atm). The tapered-land seal operates with a “nonzero”
film thickness less than 0.001 inch (40 micrometers), that is, a true fluid film
seal. With this finite film thickness and very hard aluminum oxide face
inserts, it was developed to provide the maximum insurance against seal
failure in this safety related nuclear pump. It is, however, backed up by a
secondary conventional face seal that is designed to take the full shaft seal-
ing mission in case the primary tapered-land seal fails. In normal operation,
the leakage flow through this shaft seal is drained to the inlet of the reac-
tor charging pumps employed to control rector primary-loop pressure. The
tapered portion of the seal stator face acts to “bulge out” the pressure-drop
distribution across the seal face as the film thickness is reduced (a hydro-
static stiffening property). A later derivative of this approach is the stepped-
land seal, which has a similar hydrostatic stiffening property. Makay et al.
(1972) provide detailed design information and procedures for the tapered-
land seal.

Floating-ring shaft seals are often employed for high-pressure pumps in
the petrochemical industry. Childs and Vance (1997) present a compre-
hensive technical treatment on floating-ring seals. This concept also made
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FIGURE 2.26
PWR primary coolant pump and its tapered-land primary shaft seal. (a) PWR primary coolant
pump and (b) tapered-land fluid film seal.

its way into some high-pressure power plant pumps, in particular boiler feed
water and boiler circulating pumps. There are several shaft seal configurations
marketed that utilize the floating-ring concept. As treated in Sections II and
III of this book, floating-ring seals have shown themselves to be wear-prone
and fragile in the high-pressure water pumps of power plants. Figure 2.27
shows a typical configuration employing multiple floating rings.
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Floating-ring shaft seal.

2.4.5 Thrust Balancers

Dufour and Nelson (1993) provide comprehensive treatment of centrifugal
pump rotor axial loads, from small single-stage pumps to large multistage
high-energy pumps. High-pressure multistage pumps typically can have
very high hydraulic axial forces that load the rotor beyond the load capacity
of any conventional thrust bearing. The source of axial hydraulic rotor force
is illustrated in Figure 2.28 for a single stage with optional features to achieve
axial hydraulic force balance. The total axial thrust load upon a multistage
rotor is the summation of the thrust contributions from all of the stages.
In the early development of high-energy multistage pumps, the approach
to handle hydraulic thrust was axially opposed stages to balance out the
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FIGURE 2.28
Single-stage pump with back wear ring and holes for axial balance.
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nominal rotor thrust (Figure 2.29). This approach necessitates an external
crossover pipe to connect the two intermediate stages, which comes with an
efficiency penalty and a manufacturing incremental cost increase. Therefore,
large high-energy multistage pump design evolved to balance out the net
rotor thrust load by other means.

For high-energy pumps, the two main approaches now used are the bal-
ance drum and the balance disk. The pump illustrated in Figure 2.7 has a bal-
ance drum. But it still has a double acting thrust bearing, shown on the right
side of the illustration. The same would be the case for the other two options:
opposed stages or balance disk. Since none of these three approaches will
perfectly balance the net thrust load, a thrust bearing is needed to carry the
relatively small residual thrust and to axially position the rotor. The same is
true for large multirotor steam turbines that employ both double-flow rotors
and balancing drums, but still need a double-acting thrust bearing to axially
position the rotor. For pumps or turbines, the rotating impeller vanes or tur-
bine blades must axially line up accurately with their respective nonrotating
partners. It should come as no surprise that when a balance disk or balance
drum fails, the thrust bearing is quickly destroyed, as are probably all or
most of the pump internals.

The basic geometry of balance drums and disks are illustrated in Figure 2.30,
with high pressure at the left sides on the illustrations and low pressure
at the right sides. These balance devices are subjected to approximately the
pump full discharge pressure on one side and suction pressure on the other
side. With these pressures, diametrical dimensions are selected to obtain
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FIGURE 2.29
Multistage pump with axially opposed stages.
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FIGURE 2.30
(a) Basic balance drum and (b, c) disk configurations.
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FIGURE 2.31
(a) Parallel face and (b) Makay-taper face balance disk configurations.

the needed annular surface areas to balance the combined axial thrust from
all the stages. Two options for the balance disk approach are illustrated in
Figure 2.31. The Makay-taper option is the superior design because its sepa-
rating force increases all the way to closure, in contrast to the parallel-face
option. That is, it is conceptually similar to the PWR primary coolant pump
tapered-land primary shaft seal illustrated in Figure 2.26.

2.5 Drivers

The pump drive can be a constant speed electric motor coupled directly
or through a gear box, in which case the delivered flow is controlled by a
discharge valve on the pump discharge line as shown in Figure 2.2. The
pump then operates at its best efficiency point (BEP) only at its maximum
efficiency design-point flow as the example constant-speed efficiency curve
in Figure 2.1 demonstrates. Another constant-speed option is to have a 100%
boiler feed pump direct connected to the main steam turbine shaft. With this
option, electric motor driven boiler feed start-up pumps are needed to start
the boiler and thus to get the main steam turbine started. The pump can also
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FIGURE 2.32
Efficiency (n) and head—capacity (H-Q) with speed (n) variation.

be motor driven through a variable speed hydraulic coupling or auxiliary
steam turbine. The decision on whether to employ an electric motor or tur-
bine drive is based on the power, with electric motors generally the prefer-
ence up to about 14,000 hp (Makay 1978).

Variable speed drives allow a pump to operate near a BEP over its full
operating flow range, controlling pump flow by controlling the pump rota-
tional speed. This is demonstrated by the H-Q and n curves at two different
rotational speeds as shown in Figure 2.32. The largest capacity boiler feed
pumps in service in the United States have two 50% pumps, each turbine
driven and rated at 80,000 hp, supplying feed water to the 1300 MW Brown-
Boveri cross-compound steam turbine generating units. Motor-driven boiler
feed start-up pumps are also required for this variable speed option.

Asjust stated, a variable speed option allows operation close to a BEP over
the full operating flow range by setting flow through controlling speed.
This advantage also lessens the impeller inlet velocity incidence angle,
thus lessening flow separation and consequently lessening unsteady flow
impeller dynamic excitation forces. This advantage of variable speed drives
consequently lowers dynamic stresses in various pump components, and
lowers the risk of cavitation erosion because of lower impeller tip speed.
Consequently, variable speed drives increase the life of pump components
and correspondingly reduces maintenance demands.

More often, large generating units, both fossil and all nuclear, utilize two
50% feed water pumps so that the unit can still generate at approximately
65% of its full-rated power output when one 50% feed water pump is out
of service. An example of a large power plant pump that is electric motor
driven at constant speed is the nuclear PWR primary coolant pump like the
one shown in Figure 2.26 (100,000 gpm at 1200 rpm).
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Operating Failure Contributors

Coping with power plant pump operating problems is a way of life for plant
operators. Avoidance of pump forced outages, downtime, and time between
major overhauls are all top priorities for maximizing power plant availabil-
ity. Makay (1978), referenced also throughout Chapter 2, focused on feed
water pumps because of their demanding high-energy-density service and
resulting vulnerability to numerous failure mechanisms. However, other
major pumping functions are also critical to plant availability, being vulner-
able to many of the same as well as other failure causes.

3.1 Hydraulic Instability and Pressure Pulsations

Unstable pump flow and troublesome pressure pulsations while related to
each other are distinct phenomena. A full technology assessment and an
understanding of these phenomena are embedded in quite complex 3D
unsteady-flow fluid mechanics. The objective of the presentation here is pri-
marily to provide plant engineers an appreciation for these phenomena, not
to supply a research thesis on unsteady flow.

3.1.1 Head-Capacity Curve Instability

The shape of a centrifugal pump’s head-capacity H-Q curve has a major
impact on its operability. The best H-Q curve is one where the head con-
tinuously rises as the flow is progressively reduced to zero as illustrated in
Figure 3.1a. A drooping H-Q curve is shown in Figure 3.1b. Truth be known,
the H-Q test results of many centrifugal pumps droop a bit at low flows, even
though pump manufacturers’ published H-Q curves generally do not show
that. But as long as a centrifugal pump is not operated too near the zero-flow
condition, such “cosmetic doctoring” of the manufacturer’s H-Q curve near
shutoff will not lead to operating problems.

A pump with a drooping H-Q curve as shown in Figure 3.1b may exhibit
unstable flow (surging) at flows below the peak of the H-Q curve. The addi-
tional condition needed to cause this self-excited unsteady flow is a com-
pressible volume somewhere in the system, for example, water in long pipes,
or steam volume in the deaerator or boiler. This is similar to the characteristic
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FIGURE 3.1

Head-capacity curves: (a) rising and (b) drooping.

of all centrifugal compressors that encounter a surge line as flow is reduced,
because the fluid (i.e.,, gas) itself is a compressible volume. While the full
nature of such pump surging unsteady flow is quite complicated, a heuristic
way of viewing it is that there are two Q values having one H value, so the
pump “can’t make up its mind” which of the two Q values to pick with the H
fixed by the system H-Q curve. Graphing the drooping (positive slope) por-
tion of a pump H-Q curve as a continuation of the more steady flow rising
(negative slope) portion of the H-Q curve is misleading because the behavior
of pump flow to the left of the pump H-Q peak may be highly unsteady.

In addition to the possibility of unstable pump flow phenomena occurring
with a drooping H-Q curve, it is also possible with an S-shaped (saddle) H-Q
curve (Figure 3.2). In this case, the possibility of stable or unstable pump flow
depends upon the relative slopes of the intersecting system and pump H-Q
curves. Figure 3.3 illustrates these two possibilities. Figure 3.3a shows the
stable case, with the system H-Q curve having a higher slope than the pump
H-Q curve. Figure 3.3a demonstrates that with a momentary flow perturba-
tion AQ, the corresponding perturbation in the system head AH,; is larger
than the corresponding perturbation in the pump head AH,,. That forces

A
H

H, H

FIGURE 3.2
Example of a pump saddle-shaped H-Q curve.
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Pump H-Q intersection with system H-Q: (a) stable and (b) unstable.

the flow point back to the intersection of the two curves, and likewise for a
negative flow perturbation.

In contrast, Figure 3.3b shows three intersection points of the pump and
system H-Q curves, where the intersection point 2 indicates an unsteady
flow condition since any flow perturbation AH at 2 will cause the flow at that
point to shift to one of the two stable flow points, 1 or 3, where the system
curve has a higher slope than the pump curve. Figure 1.14 (see Chapter 1)
shows a graph from experimental research results of impeller dynamic
unsteady hydraulic forces upon an impeller as a function of percent of best
efficiency flow and as a function of the ratio of frequency to rotational-speed
frequency (Adams 2010). As Figure 1.14 shows, the unsteady fluid dynamic
impeller forces get stronger the lower the flow from the best efficiency point
(BEP), with the dominating dynamic forces at frequencies predominantly
below the rotational frequency. This is consistent with many pump vibration
measurements taken on vibration-troubled power plant pumps.

3.1.2 Pressure Pulsation Origins

Flow recirculation occurs both at the impeller inlet and discharge. Centrifugal
pump technologists are aware that even at the best efficiency flow, a modest
amount of flow recirculation is a good thing because it is the flow’s way of
adjusting to inherent imperfections in the pump geometry’s difficult job of
efficiently adding mechanical energy to the liquid. But when a pump is oper-
ated at flows considerably away from its BED, the strong unsteady recircula-
tion that naturally ensues brings with it considerable flow unsteadiness with
large pressure pulsations, noise, and excitation forces (see Chapter 1, Figures 1.1
and 1.14). Large-scale flow vortices and fluctuating lift are responsible for
this.

Wake flow at the impeller discharge is a significant contributor to pres-
sure pulsations. Specifically, (a) finite vane thickness at the trailing edge,
(b) boundary layers on both sides of the vane, and (c) velocity distribution
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FIGURE 3.4
Discrete-frequency spectrum of pressure pulsations at pump discharge. Number of impeller
vanes = 6, number of diffuser vanes = 11.

differences between the pressure and suction sides of the vane, all create
wakes that feed pressure pulsations.

Several documented successful power plant troubleshooting case studies
have demonstrated that (a) the radial gap between impeller shrouds and dif-
fuser vane tips (Gap A), and (b) the radial gap between impeller vane tips
and diffuser vane tips (Gap B) (see Figure 3.18) strongly influence

e Stability of the H-Q curves
¢ Steady and unsteady axial thrust on the impeller

® Pressure pulsations

This is well documented, for example, by Makay (1980), Makay and Barrett
(1984), and Guelich et al. (1989).

Broadband and discrete-frequency pressure pulsations are a function of
the particular hydraulic design, rendering their accurate prediction not pos-
sible. Thus experimental results are the only option for a particular pump
operating in its particular system (Guelich and Bolleter 1992). The nature of
broadband pressure pulsations is reflected in the broadband impeller force
measurements presented in Figure 1.14. An example of measured discrete-
frequency pressure pulsations is shown in Figure 3.4.

3.1.3 Criteria for Minimum Recirculation Flow

The operating problems and associated pump failures resulting from
hydraulic instability and pressure pulsations are most activated when a
pump is operated at flows significantly below the best efficiency flow. As well
known, fossil-fired plants are commonly used now for load following
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FIGURE 3.5
Makay minimum bypass flow guideline for centrifugal pumps.

because the nuclear plants are best suited to be run at their full-rated capac-
ity for base load power demand. This has accentuated the attention given
to the required minimum-allowable bypass (recirculation) part-load pump
flow. Through his pioneering troubleshooting of power plant pumps,
Makay (1994) established guidelines covering the full spectrum of power
plant pump applications for minimum bypass flow requirements, which are
shown in Figure 3.5.

3.2 Excessive Vibration

This section is written for anyone with an elementary grounding in vibra-
tion fundamentals, in particular the classical one-degree-of-freedom model.
In addition to the array of excessive rotor vibration problems that can plague
virtually any type of rotating machinery, centrifugal pumps also can addi-
tionally suffer from excessive vibration excited by the hydraulic instability
and pressure pulsation phenomena described in the previous section of this
chapter. Whether designing a new pump configuration or troubleshooting a
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FIGURE 3.6
FEA model of a main steam turbine-generator rotor.

plant operating pump in vibration trouble, use of computer vibration models
is desirable. Obtaining the important vibration characteristics of a machine or
structure from a large degree-of-freedom (DOF) model is not nearly as daunt-
ing as one might initially think, because of the following axiom: Rarely is it
necessary in engineering vibration analyses to solve the model’s governing
differential equations of motion in their totality. For example, lateral rotor vibra-
tion (LRV) analyses generally entail no more than the following three categories.

1. Natural frequencies (damped or undamped) and corresponding
mode shapes

2. Vibration amplitudes over full-speed range from rotor mass unbalances
3. Self-excited vibration threshold speeds, frequencies, and mode shapes

None of these three vibration analysis categories actually entails obtaining
the general solution for the model’s coupled differential equations of motion.
That is, the needed computational results can be extracted from the mod-
el’s equations of motion without having to obtain their general solution, as
explained in Adams (2010).
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FIGURE 3.7
Campbell diagram combined with unbalance vibration amplitude.
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The model for the rotor alone is assembled using a standard finite element
analysis (FEA) model, shown by the main steam turbine-generator FEA rotor
model in Figure 3.6.

To complete the computer model, the rotor model is “connected to the
ground” with the linearized stiffness and damping coefficients for the bear-
ings, seals, and any other interactive rotor forces (e.g., balancing drum; see
Figure 2.7), support structure, and foundation. Since the interactive rotor-
to-ground dynamic connection properties are usually speed-dependent, the
vibration characteristics of the entire vibration model are therefore likewise
speed-dependent. This is compactly summarized in Figure 3.7, which super-
imposes the speed-dependent natural frequencies versus rotor speed (i.e, a
Campbell diagram) and the unbalance driven vibration amplitude versus rotor
speed. The so-called critical speeds are the rotor speeds at which the residual
rotor mass unbalances excite each natural-frequency mode to resonance.

3.2.1 Rotor Dynamical Natural Frequencies and Critical Speeds

To fully understand what Figure 3.7 compactly summarizes, one need only
consider the simplest of rotor vibration models, illustrated in Figure 3.8. This
is a 2-DOF system in which the rotor mass is modelled as a single mass point
with only x-y planar orbital motion coordinates. The combined shaft and
support structure x and y flexibilities are modeled with linearized spring
stiffness and damper coefficients. For small motions, the two motion coordi-
nates (x, y) are decoupled (by the trigonometry of very small angles), that is,
do not interact, so it is like two 1-DOF systems. The rotor unbalance is mod-
eled by its equivalent force that rotates with the rotor at speed . The two
decoupled equations of motion are thus as follows:

mx +c,x +k,x=F, cosot
3.1)

my+c,y+k,y =F,sinot

FIGURE 3.8
Simplest lateral rotor vibration model for radial-plane orbital motion.
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This simple model has two natural frequencies: w, = \k,/m and ®, = [k, /m.
Since the resonance in the x-direction and in the y-direction each are thus
of the classical 1-DOF system, the vibration harmonically excited steady-state
amplitude is given by the well-known 1-DOF steady-state harmonic response
graphed in Figure 3.9.

Even in multi-DOF systems, the resonance-vibration-amplitude peaks
(Figure 3.7) are like the same phenomenon as in the 1-DOF system response
shown in Figure 3.9. For actual machines, either from real vibration measure-
ments or computer models thereof, there is also typically a relatively sharp
phase-angle transition similar to that for the 1-DOF model as it transitions
through its natural frequency (Figure 3.9b), but typically not the 180° shift of
the much simpler 1-DOF system. Interestingly, in extremely well bounced
rotors, roll-up or coast-down vibration amplitude measurements may not
provide adequate vibration amplitudes to nail down what are the critical
speeds ; because of the ever-present signal background noise. In such cases,
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FIGURE 3.9
One-DOF steady-state response to a sinusoidal force. (a) X/(F,/k) versus w/w, and (b) phase
angle ¢ versus /o, ¢ = 1 (critically damped).
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it is usually possible to locate the critical speeds by tracking the phase-angle
transition of the bandwidth filtered synchronous (once-per-rev) vibration
amplitude component. The critical speeds become apparent by locating the
associated relatively sharp phase-angle transitions.

3.2.2 Self-Excited Dynamic-Instability Rotor Vibrations

The equation of motion for the well-known 1-DOF model for unforced vibra-
tion is as follows:

mx+cx+kx=0 (3.2

The range of transient responses typically presented for this system is
graphed in Figure 3.10. However, mechanical structures of all kinds usually
fall into the category of so-called underdamped systems, that is, damping ratio
¢=c/c.<1,wherec, = 2\Jkm is the damping coefficient value for the critically
damped condition. That is, the damping coefficient value that yields the fast-
est nonoscillatory transient motion decay.

Unfortunately most textbooks on vibration do not show the following
additional simple case. If one simply inserts a negative value for the damp-
ing coefficient ¢ into Equation 3.2 for the 1-DOF model, the motion types
shown in Figure 3.10 are supplemented with the response for ¢ < 0 shown in
Figure 3.11. Understanding this simple example is the key to understanding
the general vibration category called self-excited vibration.

Determination of thresholds for self-excited rotor vibration thus is one of
determining the value of the controlling parameter (e.g., rotor speed, pump
flow, component wear) at which an unforced-system natural-frequency
mode becomes dynamically unstable. That is, determining the value of the

Critically damped,

Overdamped,

Underdamped,

c<c,

FIGURE 3.10
Motion types for the unforced 1-DOF system.
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Time

FIGURE 3.11
Initial growth of dynamical instability from an initial disturbance.

controlling parameter where the real part of one of the system equation-of-
motion roots A (eigenvalues) transitions from negative to positive. Each vibra-
tion system natural mode has its motion formulation expressible by Equation
3.3, where the real part of its two eigenvalues A; embodies the mode’s damp-
ing and the imaginary parts + iw embody the mode’s harmonic (sinusoidal)
contribution:

{x} = {X}eM (3.3)

where A = a + iw,, ®, = natural frequency, and i = J-1.

Clearly, if alpha > 0, the mode self-excites per Figure 3.11. If alpha = 0, the
mode behaves as the undamped case in Figure 3.10. If alpha < 0, the mode
behaves as the underdamped case in Figure 3.10. For a rotor vibration
mode that transitions into a self-excited vibration, the typical exponential
growth of the rotor orbital vibration, for example at a journal bearing, is
illustrated in Figure 3.12a. The initial transient growth of the rotor orbital
motion begins with a linear-system ¢* portion that is the counterpart of
the 1-DOF negatively damped linear system response illustrated in Figure
3.11. This is followed in time by its high amplitude steady-state orbital
nonlinear limit cycle as illustrated in Figure 3.12b, being limited in the
illustrated case only by the bearing radial clearance. The high potential for
intolerably high rotor vibration levels under self-excitation is quite evident
from Figure 3.12b. Unlike a rotor critical speed that with sufficient bear-
ing damping can be safely passed through when accelerating to operating
speed, instability thresholds generally cannot be alleviated by increasing
the controlling parameter like speed. This is presented in more depth by
Adams (2010) in explaining the hysteresis loop for rotor-bearing self-excited
orbital vibration.
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FIGURE 3.12
Transient rotor orbital vibration buildup in an unstable condition: (a) initial linear transient
buildup and (b) growth to nonlinear limit cycle.

3.2.3 Dynamic Forces Acting on the Rotor

The research test results presented in Figure 1.14 provide a compact example
of amplitudes for hydraulically induced dynamic rotor forces over the full
pump operating flow range. Drawn from his extensive laboratory and trou-
bleshooting field experiences, Makay (1977) assembled the all-encompassing
chart in Figure 3.13 for pump dynamic rotor forces. From a rotating machin-
ery vibration specialist’s perspective, centrifugal pumps are the most chal-
lenging type of machinery. The troubleshooting case studies presented in
Section III of this book show that excessive vibration and measured vibration
frequency spectrum signatures are frequent symptoms indicative of a vari-
ety of pump operating problem root causes, as well as an operating problem
per se.
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Frequencies of dynamic rotor forces versus operating flow range.

3.3 Wear

Like any piece of machinery, centrifugal pumps are susceptible to many dif-
ferent kinds of wear, the gradual process of material removal. Wear is an
extremely complicated subject with a large variety of different fundamental
mechanisms. For example, wear occurs from actions such as rubbing con-
tact, erosion, chemical reactions like corrosion, impacting particles, and fluid
dynamical impingement. The most prominent wear categories are schemati-
cally named in Figure 3.14. A long history of empirical investigations has led
to insight, predictive tools, and comprehensive books to deal with the vari-
ous known wear mechanisms. The Wear Control Handbook edited by Peterson
and Winer (1980) is perhaps as complete a reference on wear as any, but there
are a number of comprehensive subsequently published works on wear.
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Most prominent mild and severe wear mechanisms.

3.3.1 Damage Caused by Pump Cavitation

In Chapter 2, Section 2.3 describes the fundamental pump cavitation phenome-
non and shows a picture example of a cavitation-damaged impeller in Figure 2.3.
The requirements for pump net positive suction head (NPSH) needed to pre-
vent cavitation and the laboratory testing method to determine that are also
covered in Section 2.3. The fundamental wear mechanism for cavitation comes
under the category erosion, shown in Figure 3.14, where the cavitation dam-
age is caused by fluid impingement from a high velocity microjet created by
the sudden nonspherical collapse of the cavitation vapor bubbles. Cavitation
damage is the one wear mechanism that most sets a centrifugal pump apart
from other machinery types. An illustration of cavitation at an impeller vane
inlet region is illustrated in Figure 3.15 (Makay 1994). On the illustrated low-
pressure side of the impeller vane, the vapor cavity region of length L, and
the erosion damage region of length Lp,,,,,.. are clearly distinguishable.

Pump designers often make reference to a material property they call cavita-
tion resistance. But there appears to be no quantitative parameter by which it
can be evaluated over the range of materials suitable for pump internal com-
ponents, only some heuristic relative measures. For example, as the intensity
of cavitation becomes sufficient to damage an impeller, the material failure
mechanism is thought to progress from a fatigue-like process over plastic
deformation to a failure mechanism where the cavitation intensity exceeds
the tensile strength of the material. An ultimate material resilience Uy, is pro-
posed by Hammit (1980) as the best compromise. Guelich and Pace (1986)
provide guidelines that encompasses modern research findings on centrifu-
gal pump cavitation damage prediction.

From the richly endowed published literature on wear, one can readily
delve deeply into the full range of wear mechanisms named in Figure 3.14.
Here a brief summary is given for some of these that are particularly relevant
to wear in machinery such as centrifugal pumps.
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Static pressure distribution on low-pressure side of impeller vane.

3.3.2 Adhesive Wear

Adhesive wear is most probable in all unlubricated surface-to-surface rub-
bing contacts. But even in unlubricated surfaces, naturally formed oxides
become a dry lubricant. Significant adhesive wear can also occur between
lubricated rubbing surfaces, but at a reduced rate depending upon the rub-
bing materials’ strength properties and the boundary lubrication capability of
the intervening lubricant. The classical Coulomb friction coefficient is often
approximated as a “constant” independent of the normal force magnitude
that pushes together the two bodies in relative sliding motion. Figure 3.16
hypothesizes what can occur at the microscopic level between two surface
asperities in rubbing contact. Two contacting asperities are postulated to
momentarily form an adhesive bond called cold welding. In one possibility,
this bond is simply broken as the two surface asperities each go unaltered
their own way as illustrated. In the other possibility, the adhesive bond

Sliding direction — \/

Material #1
Bond breaks at
original junction

I Adhesive bond
Wear

article
part %/
S

Bond breaks
in material

Material #2

FIGURE 3.16
Adhesive material rubbing contact yields two possible phenomena.
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between the two asperities overcomes the yield strength of the weaker of the
two asperities, creating a wear particle as also illustrated.

When two solid bodies are pushed together even at light loads, some asper-
ities of the two bodies come into contact with the weaker asperity deform-
ing plastically, that is, yielding at the tip. These plastically deformed asperity
tips are assumed to have a contact pressure equal to the yield strength of the
weaker material. Satisfying static equilibrium for either body then requires the
yield strength of the weaker material times the combined contact area of all
the asperity flattened tips must equilibrate the total compressive force that is
pushing the two bodies together. The force needed to perpetuate sliding will
equal the sum of sliding friction forces from all of the asperities in contact.
Accepting that the weaker material’s yield strength does not change in the pro-
cess, the combined surface area of all the flattened asperities will increase in
proportion to the force pushing the two bodies together. So the force required
to slide the one body with respect to the other will be approximately in pro-
portion to the force pushing the two bodies together. That naturally means
the proportionality coefficient relating the friction force to the compressive
force is a constant, that is, the Coulomb friction coefficient. This is, of course, a
useful simplification of a very complex phenomenon. In fact, modern, closely
controlled laboratory experiments on rubbing friction have shown that with a
fixed normal force, the sliding friction force varies somewhat randomly with
the sliding velocity magnitude, but typically remains significantly smaller than
the breakaway static friction force needed to start sliding. To better approxi-
mate this for engineering purposes, two values for the friction coefficient are
typically used, namely, the static value ps and dynamic value pp, where pg > pp.

Referring again to Figure 3.16, it illustrates the release of a wear debris
particle when an asperity tip breaks off. Archard’s law is the longstanding
approach for predicting wear volume or rate of volumetric wear derived
from the concept illustrated in Figure 3.16. It is expressible in many alternate
forms including Equation 3.4. Predicating a probability (0 < k < 1) for a con-
tacting asperity tip to break loose, the volume of wear debris for a sliding
event is predicted. V is the wear volume, P is the applied normal force, x is
the sliding distance, v is the sliding velocity, and H is the material hardness.
The number 3 occurs in Equation 3.4 because the derivation includes the for-
mula for assumed hemispherical volume of wear particles (Volume = 27r%/3).

kPx d av _ kPv

V=""and 2 =20
3H  dt 3H

(3.4)

The factor of 3 is of small consequence because the wear coefficient k var-
ies over several orders of magnitude. This wear law was developed before
friction-and-wear researchers had access to electron microscopes with which
they subsequently discovered that “adhesive” wear particles are anything but
hemispherical (see Section 3.3.4). Based on extensive laboratory test results
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from many sources, the wear coefficient k ranges from 1 to 1500 times 10-¢ with
V in cubic meters (m®), depending upon the effectiveness of any lubrication
present and the degree of compatibility between the two rubbing materials.

3.3.3 Abrasive Wear

Abrasive wear occurs when particles of a softer material are rubbed off by a
harder rough surface. The classic example is sandpaper rubbed against wood.
Abrasive wear also can occur when a hard third substance gets into the rub-
bing contact area, like when machinery is operated in a desert environment or
an abrasive is intentionally injected like in lapping and polishing processes.
An abrasive can also be formed from the rubbing surfaces such in fretting
where small oscillatory rubbing produces wear particles that cannot escape
the contact region and subsequently oxidize into an abrasive third body that
is harder than the rubbing surface materials. One approach used for predict-
ing abrasive wear is to use the same probability-based approach implicit in
Archard’s law for adhesive wear. This is given in Equation 3.5. The ranges for
k., are 10~ to 103 for strong abrasion and 107 to 10-¢ for mild abrasion.

abr

Vek, Xang 4V P
H

— 3.5
dt abr H ( )

3.3.4 Delamination Wear

Research by Suh (1977) and colleagues at the Massachusetts Institute of
Technology (MIT) in the 1970s significantly advanced the understanding of
the mechanics for rubbing adhesive-like wear. Using an electron microscope,
they discovered that the wear particles liberated through the assumed adhe-
sive action are in fact not hemispherical but are flat sheets that delaminate
from the contact. The fundamental view of the delamination wear theory is
the formation of subsurface microcracks that propagate in time as a fracture
mechanics phenomenon until liberated when acquiring some critical length.
This is reminiscent of the longstanding experimentally validated mechanics
basis for life rating rolling-element bearings, albeit that is based on subsur-
face initiated fatigue cracks caused by traveling intermittent Hertzian con-
tacts that lead to raceway spalling (see Chapter 2, Section 2.4.3).

3.4 Operating Problem Modes

Many of the large fossil-fired units still in service were initially commis-
sioned as base-load units operating at near-rated capacity most of the time.
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FIGURE 3.17
Tracking of two representative vibration amplitudes over time.

But the emergence of nuclear power plants, which are optimally profitable
only at rated capacity, necessitated that many of the prior base-load fossil
units be continuously cycled for load following. That produced unanticipated
operating distresses on a whole host of these fossil plant systems, especially
including the major pumps.

Plant operators need to understand the fundamental differences between
a sudden pump component failure or sudden pump failure-to-operate and
the more gradual pump degradation scenarios. The topics covered in the
prior sections of this chapter provide a background to better understand the
causes of both sudden failures and degradation gradually approached failures.
The two vibration situations illustrated in Figure 3.17 are obvious symp-
tomatic contrasting examples of these two extreme situations that both can
be labeled symptoms of a machine malfunction. In one case it is apparent
that some degradation is progressing slowly but surely to the point where
the machine will have to be taken out of service to identify and rectify the
malfunction route cause. In the other case the failure has occurred almost
instantaneously without warning. Florjancic (2008) lists a wealth of pump
malfunction root causes, identified and included in the following sections.

3.4.1 Rotor Mass Unbalance

The pump shaft holds the impeller(s) and other rotating parts such as the
shaft seal and thrust balancer components, thrust bearing runner, and shaft
coupling. In a rigidly coupled pump-driver assembly, the “rotor” is the com-
pletely assembled pump-driver combination. Rotor mass unbalance is a
major source of excessive once-per-revolution (synchronous) vibration ampli-
tudes. In particular, an improperly shop dynamic rotor balancing of indi-
vidual rotating parts as well as the completely assembled rotor and poorly
executed erection are suspect rotor unbalance root causes when the pump
is first operated. In service, rotor unbalance can accrue from material losses
initiated by wear phenomena including cavitation, corrosion, and abrasion.
Deposits of foreign material on the impeller(s) can also progressively degrade
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the balance quality of the rotor. Inaccurate dimensions of impeller cast chan-
nels can also be a source of once-per-revolution vibration due to the resulting
nonsymmetric flow distortions within the impeller. This understandably is
misdiagnosed as rotor mass unbalance. It is difficult to alleviate with impel-
ler weight-distribution corrections because it varies with pump operating
flow. That is, it is not as simple a phenomenon as the center-of-gravity of the
liquid within the impeller being off center.

3.4.2 Unfavorable Rotor Dynamic Characteristics

As mentioned in Section 3.2, it is desirable to analyze, with appropriate com-
puter modeling, the rotor dynamic characteristics of a pump at the design
stage, since some rotor vibration problems can already be eliminated at that
point. For example, ensure the absence of any critical speeds within the con-
tinuously operating speed range. Also, avoidance of self-excited rotor vibra-
tion as identified in Section 3.2.2 can be properly analyzed using computer
models. Sources of dynamic destabilizing effects from journal bearings and
other radial-gap liquid annuli can now be analyzed with the available
dynamic system-identification data (e.g, stiffness and damping coefficients)
on bearings and seals from research sponsored by NASA and the Electric
Power Research Institute (EPRI) (e.g., Childs 1993 and Adams 2010). Radial
clearances in fluid annuli (e.g., at wear rings) that become too enlarged as a
consequence of accumulated wear can cause a pump to migrate into a state
of excessive vibration.

3.4.3 Hydraulic Forces at Off-Design Operating Conditions

The hydraulic instability, pressure pulsation, and minimum recirculation flow top-
ics covered in Section 3.1 are at the heart of the fluid dynamical phenomena
that can create destructive level dynamic forces within a centrifugal pump.
For an 85% peak-efficiency pump of several thousand horsepower, where
does the other 15% go? Most of it is dissipated into fluid heating. However,
the portion of this energy needed to sustain destructively high levels of
vibration is relatively quite small compared to the dissipated fluid heating,
potentially resulting in component failure from high-cycle fatigue. So the
amount of exposure time to off-design operation is a critical factor in assess-
ing failures or malfunctions. Plants devoted to load following are conse-
quently at higher risk for pump failure than those for base load units.

One of the major shortcomings that Makay (1977-1994) exposed in his
pioneering troubleshooting work is the overriding emphasis that the pump
designers had placed on peak efficiency in response to the high priority given
to peak efficiency by plant engineers” pump purchase specifications. The
design consequence of this led to improper sizing of the radial gaps between
the impeller and the stationary casing. Figure 3.18 illustrates these critical
dimensions, Gap A and Gap B as named by Makay. By dimensioning these
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FIGURE 3.18
Gap A and Gap B between impeller periphery and stationary vanes.

gaps to maximize peak efficiency at the BEP, the efficiency curve overall is
relatively peaky. Thus at off-design operating flows, the pump efficiency suf-
fers somewhat. This means the flow is quite “unhappy” at off-design flows
and the accompanying unsteady flow is excessively violent.

As these fossil units were subsequently transitioned from base load to load
following duty, off-design operating time durations significantly increased.
Figure 3.19 clearly illustrates the violent flow-erosion damage of a stationary
vane resulting from extensive low flow pump operation during load cycling.
Figure 3.20 illustrates a material fatigue damaged impeller sidewall (shroud)
resulting from the same violent off-design unsteady flow accentuated by
improperly sized Gap A and Gap B dimensions.

FIGURE 3.19
(a) Eroded diffuser vane and (b) diffuser vane after piece breaks.
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FIGURE 3.20
Impeller fatigue failure from high-amplitude pressure pulsations.

Makay’s solution to this industry-wide problem was simply to properly
size Gaps A and B with minimal impact on the BEP efficiency, but yield-
ing overall a less peaky efficiency versus flow curve. From numerous power
plant field measurements, Makay (1977-1994) developed the pressure pulsa-
tion intensity curve shown in Figure 3.21. The dimensionless pressure pul-
sation force F is normalized by that at a radial Gap B of 4% of the impeller
radius D,/2. Most important, Makay’s pressure pulsation intensity curve
shows the steep increase in pressure pulsation force as Gap B is progres-
sively reduced. His fix was to standardize a 4% radial gap as the minimum
recommended.
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FIGURE 3.21
Pressure pulsations relative magnitude versus impeller radial Gap B.
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3.4.4 Dynamic Characteristics of Foundation,
Support Structure, and Piping

In a number of troubleshooting experiences, the elusive root cause of plant
rotating machinery vibration problems has been determined to be the neglect
at the design stage that the support structure is not immoveable. Specifically,
suppose a machine is to be mounted to the floor of a large plant and the
vibration design analysis of the machine assumes the floor to be perfectly
rigid. The vibration analysis will likely be seriously flawed. Common sense
dictates that one does not devise an FEA model of the entire plant build-
ing just to couple it to the vibration model for the pump alone. Usually it is
the vertical floor motion under the machine that is the important feature
that needs to be incorporated into the overall vibration analysis model. The
approach for characterizing any linear electrical circuit’s impedance as a
simple LCR circuit is by imposing a controlled harmonic voltage and measuring
the resulting harmonic current output over the applicable frequency range. By
varying the frequency of the imposed voltage, equivalent LCR coefficients
can be solved as functions of frequency. For the vibration counterpart, a con-
trolled harmonic vertical force is imposed upon the floor and the resulting
floor vibration simultaneously measured. Figure 3.22 shows a schematic of
this and Equation 3.6 is the system equation of motion (Adams 2010):

(mg +m)¥; +c;x; + kex; = Fe™

Xg = Xel(©@+0) (3.6)
Equation 3.6 leads to the following complex algebraic equation:
(ke — w*m; — 0°m, +ic,0)Xe® = F, (3.7)

Equation 3.7 is equivalent to two real equations and thus can yield solu-
tions for two unknowns—(k; — w?m,) and ¢;—at a given frequency. These
shaker test results are then used to “connect” the pump dynamics model to
the ground (inertial reference frame).

Fysin ot t _t Shaker schematic

_ 2
Fy=mwr m,

Floor X
_\ 0 I

e i

1-DOF model
of floor

FIGURE 3.22
Vertical shaker test of a floor where a machine is to be installed.



70 Power Plant Centrifugal Pumps

Hydraulic instability flow surging can significantly excite excessive
vibration of the whole piping system connected to the pump. This is an
unfortunate consequence of a piping system’s natural resonance frequency
fortuitously aligning close to one of the pump’s strong forcing frequencies.
Although this might not be viewed by the pump supplier as the pump’s fault,
keeping the customer happy makes it advisable for the supplier to identify
and help alleviate the problem.

3.4.5 Unfavorable Pump Inlet Flow Conditions

Inlet flow conditions have pronounced influences on centrifugal pump
behavior, especially for single stage pumps. Low inlet pressure resulting in
insufficient NPSH induces cavitation, which not only can lead to accrued
damage to the impeller vanes but also a degradation of pump steady flow
and efficiency. Unfavorable suction piping design, especially for double-
bend piping in different planes, creates inlet flow distortions that degrade
pump steady flow and efficiency. Similar performance degradations are also
induced from the creation of swirls on the surface of the sump of vertical
pumps. The higher the specific speed of a pump, the greater the degrad-
ing influences of nonuniform impeller inlet velocity distributions. It follows
from the inlet velocity triangle (Chapter 1, Figure 1.8), and the associated
derivation leading to Equation 1.6 (Chapter 1), that impeller corotational inlet
preswirl reduces pump head produced, whereas counterrotational inlet pre-
swirl increases pump head produced.

3.4.6 Bearing, Seal, Shaft, and Thrust Balancer Damage

The relationship between bearings, seals, and the shaft is easily explain-
able even to grade-schoolers. The pump shaft carries all the rotating parts
combined into what is called the rotor. The bearings keep the spinning rotor
positioned where it needs to be. The seals keep the pumped liquid inside
the pump and can keep out external contaminants from getting inside the
pump. If any one of these parts stops doing their job, the pump stops doing
its job. Section 2.4 in Chapter 2 describes these parts.

For small single-stage pumps, rolling-element bearings are typically
used. For larger pumps (e.g., multistage), fluid-film bearings are generally
used. Rolling-element bearings are all life rated based on subsurface initi-
ated fatigue (spalling) as explained in Section 2.4. But they are vulnerable
to other failure mechanisms that can occur sooner than the rated life, for
example, improper installment setting, inadequate lubrication, hard particle
dirt ingestion, moisture, and corrosion. A rolling-element bearing that is in
distress often gives an audible warning by radiating a winning sound. In
recent times, researchers have developed model-based schemes utilizing
vibration and acoustic measurements, nonlinear modeling, and advanced
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data analysis methods to detect impending bearing failures before they
occur (e.g., Adams and Loparo 2004).

Fluid-film bearings running normally have a small but finite lubricant
film thickness. Without metal-to-metal sliding contact, they are theorized
as being able to last indefinitely. Of course, reality is invariably to the con-
trary. For example, influences that limit the life of fluid-film bearings include
starved lubrication, insufficiently filtered-out hard dirt particles in the
lubricant, excessive rotor vibration levels (fatigue), elevated operating tem-
peratures such as from gross overload, design shortcomings, misalignment,
and flawed assembly. The major monitored fluid film bearing signals that
announce bearing distress are from embedded thermal couples to monitor
bearing surface temperatures. Florjancic (2008) includes an extensive group
of photographs showing damaged bearings with the various root causes
identified.

Shaft breakage is among the most dreaded of failure scenarios because of
the added consequential destruction of rotating and nonrotating internal
components. As covered in any undergraduate text on machine design, the
static radial shaft loads produce oscillating fatigue-initiating beam bending
stresses in the shaft. That is, the beam bending stress field is not rotating but
the shaft is. Section 2.4.1 with Figure 2.8 (Chapter 2) describes shaft failure sce-
narios for multistage pumps. A crack propagating through a spinning shaft
produces an emerging nonaxisymmetric bending stiffness of the rotating
shaft, that is, two different principle bending moments-of-inertia. This pro-
duces two emerging effects to the monitored rotor x-y orbital vibration sig-
nals. First is the gradual emergence of a twice-running-speed (2N) frequency
component, since the shaft now has emerging a maximum and a minimum
static bending sag line. Second is the gradual emergence of a crack-local shift in
the bending neutral axis, causing a localized rotor bow corresponding to the
crack direction. This second effect transiently adds vectorially to the preex-
isting residual unbalance synchronous vibration. The gradual emergence of
these two simultaneous rotor vibration symptoms is now widely employed
successfully to predict operating time remaining before the shaft breaks
(Adams 2010). More recent research (e.g., Laberge 2009; Laberge and Adams
2007) provides a means to further detect the progress of a shaft crack and its
axial location utilizing the crack-closing stress-wave propagation intensity
and speed.

For optimum power efficiency, the more likely configuration now for mul-
tistage pumps is to have all the stages pointing in the same direction. As
explained in Chapter 2, Section 2.4.5, high-pressure multistage pumps then
typically can have very high hydraulic axial forces that load the rotor well
beyond the load capacity of any conventional thrust bearing. Thus failure
of the axial balancing device in these pumps is a dreaded failure scenario
leading also to the added destruction of other rotating and nonrotating inter-
nal pump components. Thrust balancers are either of the balancing drum or
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balancing disk type, illustrated in Figures 2.28 and 2.29. In Makay’s (1978)
survey of boiler feed pump outages in many plants, 533 were equipped with
balance disks with 310 reporting failures. In 511 pumps equipped with bal-
ance drums, there were 27 reported failures. The apparent inferiority of the
balance disk configuration was attributed both to initial design under sizing
of the balance disk and also heat treating them to too high a hardness that
increased their propensity to fail from cracking.

3.5 Condition Monitoring and Diagnostics

The operability of most major systems in a power plant is dependent upon
operability of pumps. A number of measureable operating parameters have
been found usefully informative in evaluating the operating health of cen-
trifugal pumps. The cost effectiveness for monitoring each specific operating
parameter must be assessed based on factors such as

e Initial cost

Suitability for monitoring continuously

Early failure-detection indicator

Control-room readily useable

Troubleshooting usefulness

The most monitored machinery operating parameter is perhaps vibra-
tion, especially in power plants. On machinery critical to plant availability,
vibration signals are continuously or regularly monitored and recorded,
with selected continuously updated portions displayed in the control room
or assessed by automated plant control. The straightforward examples in
Figure 3.17 of Section 3.4 illustrate two obviously important uses of moni-
tored vibration levels. Transforming time-base vibration signals into the fre-
quency domain (FFT) has become a regular tool for assessing vibration and
general root cause identification. Adams (2010) devotes three entire chapters
to cover (1) sensors, signal acquisition, and analysis; (2) vibration severity
guidelines; and (3) root cause identification. In addition to vibration monitor-
ing, critical temperatures and pressures are continuously or regularly mea-
sured operating parameters in power plant rotating machinery, especially
in the major pumps. Many large power pumps have been updated with ret-
rofitted vibration and pressure sensors to continuously measure operating
parameters that through extensive troubleshooting experiences have been
found essential in assessing pump health and providing forewarning of
potential pump failures, as shown in Figure 3.23.
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Multistage high power pump time-base condition monitoring measurements. Channels 1 to
6 are shaft-relative-to-bearing vibration displacement proximity probes, channels 7 to 9 are
pressure transducers, and channels 10 to 14 are accelerometers.

3.5.1 Vibration Measurement

As any engineering undergraduate knows, the three elementary dynamics/
kinematics parameters are displacement, velocity, and acceleration, directly
relatable to one another through elementary calculus. And these are the three
vibration parameters that are regularly measured and monitored on plant
operating machinery. The sensors for these three vibration signals are sche-
matically illustrated in Figure 3.24. For accelerometers, the accurate useable
frequency range must be considerably below the accelerometer’s own 1-DOF
natural frequency. For a velocity sensor, the useable frequency range must be
sufficiently above the sensor’s own 1-DOF natural frequency. Because veloc-
ity sensors are intrinsically fragile, they are primarily for laboratory use. So
an industrial velocity sensor is in fact an accelerometer with a built-in sig-
nal integrator. For noncontacting position sensing, the inductance proximity
probe must be selected for the shaft material. Because of residual magnetism
in a shaft, there will be some indicated runout that is not mechanical. So in
extra high-accuracy applications, the rotating target is chrome plated to filter
out the electrical run out (Horattas et al. 1997).

Adams (2010) gives detailed technical information for selecting sensor
specifications as well as the industry experience-based vibration severity
guideline shown in Figure 3.25. Although both parts of this guideline essen-
tially contain the same guideline information, one clearly sees the appeal of
using the velocity severity levels since a particular velocity peak value has the
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FIGURE 3.24
Vibration measurement sensors. (a) Accelerometer, (b) velocity transducer, and (c) inductance-
eddy-current noncontacting position sensing.

same severity interpretation over the entire frequency range of concern for
most plant machinery. A vibration displacement severity criteria utilizing jour-
nal position relative to journal bearing, as measured by proximity probes, is
provided by Eshleman (1999) (see Table 3.1).

In analyzing any measured time base signature like vibration, digitally
transforming from the time domain into the frequency domain (FFT) is now
one of the most-frequently used signal analysis methods. Figure 3.26 pro-
vides a visually insightful picture of what the FFT mathematical transforma-
tion operation does.
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FIGURE 3.25
Bearing cap vibration acceleration and velocity amplitude guidelines: (a) displacement p-p,
(b) velocity v-p; (a) and (b) contain the same information.

TABLE 3.1

Journal Vibration Guideline for Displacement with Respect to Bearing

Speed Normal Surveillance Plan Shutdown Immediate Shutdown
3600 rpm R/C<0.3 0.3<R/IC<05 0.5<R/C<0.7 R/C>07
10,000 rpm R/C<0.2 02<R/IC<04 04<R/C<06 R/C>0.6

Notes: R, peak-to-peak journal-to-bearing displacement; C, diameter bearing clearance.
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FIGURE 3.26
Fast Fourier transform (FFT) of time base signals: (a) general example and (b) rotor vibration
example.

3.5.2 Pressure Pulsation Measurement

The importance of pressure pulsation measurements is twofold. First, it is a
good relative measure of pump hydraulic discomfort as the operation fur-
ther intrudes into off-design operating flows. Second, it is also a good rela-
tive measure of the life-shorting abuse to pump internals by pump hydraulic
discomfort. Figure 3.23 shows pressure transducer locations on a large multi-
stage pump (Makay 1977-1994). He supplements that with a troubleshooting
experience-based insightful illustration of pressure pulsation measure-
ment from balance-disk leak-off flow (Figure 3.27). These monitored pressure
pulsations are indicative of the low-flow guideline in Figure 3.5. Makay also
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Pressure pulsations warn of pump discomfort/damage at low flows.
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FIGURE 3.28
Balancing-disk leak-off flow as an indicator of feed pump health.

highly recommends that balance-disk leak-off flow should be monitored at
all times for pump health assessment, as illustrated in Figure 3.28.

3.5.3 Temperature Measurement

Temperature measurements are relatively low first cost and are made with
embedded thermal couples. Bearing temperatures are a reliable measure of
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bearing operating health. Pump suction and discharge temperatures are reli-
able indicators of pump internal health. Depending upon the specific con-
figuration and application of a pump, combinations of temperatures along
with other monitored parameters taken together can reliably provide early
warning of impending operating problems.

3.5.4 Cavitation Noise Measurement

The sound intensity of cavitation noise in centrifugal pumps has been
investigated by several researchers. The objective of that research has been
to develop a reasonable design engineering approximation to predict the
amount of cavitation-caused impeller damage as a function of operating
time and pump inlet conditions over the used part of the pump’s H-Q curve.
Piezoelectric pressure transducers with very high frequency response, way
beyond auditory limits, have been employed in pump controlled testing. A
consensus among pump hydraulic specialists is that the cavitation phenom-
enon does not lend itself to being a reliable cavitation-damage predictive
tool based upon measureable noise. Using a specific pump installed into a
specific loop, it is reasonable to anticipate experimentally repeatable corre-
lations between cavitation noise signatures and cavitation-caused impeller
damage. However, such a repeatable correlation is likely to be transferra-
ble to neither a different pump nor the same pump in a different loop. That
means a power plant operating pump would have to serve as the research
test setup. Naturally one can forget that because power plant owners have
long resented OEMs using plant installed pumps as de facto test rigs to com-
plete their research.

3.5.5 Pump Test Rig for Model-Based Condition Monitoring

Figure 3.29 is a photograph of the Case Western Reserve University (CWRU)
multistage centrifugal pump test loop for research in model-based condi-
tioning monitoring for power plant pumps (Adams 2016). Its development
is in response to pump condition monitoring in general, but specifically
in response to plant services where the pumps are submerged and thus
impractical for periodic condition inspections, for example, river pumps
for nuclear power plants. Figure 3.30 shows the submerged accelerometer
locations on the CWRU test pump inner casing surface. Figure 3.31 shows
sensor locations on the test pump as it is submerged in the transparent test-
loop outer can. A fairly new player in pump condition monitoring is the
Robertson efficiency probes (Robertson and Baird 2015). A matched pair of
these probes accurately measures pump efficiency in real time using ultra-
precise temperature difference measurements (Figure 3.32). Pump efficiency
degradations can be a valuable complementary parameter in detecting pump
deteriorating health and thereby giving faulty detection warnings to avoid
forced outages.
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FIGURE 3.30

Bowl #2
Submerged accelerometer locations on CWRU three-stage test pump.

The fundamental premise of model-based condition monitoring is to
reconstruct in real time the behavior conditions inside the pump from a
computer model driven by measured signals from external readily accessible
sensor locations on the pump-driver unit. The CWRU test facility shown in
Figures 3.29 through 3.32 is configured with sensors inside the unit, where
sensors are not feasible to normally place in power plant operating pumps.
And additionally, sensors are located at readily accessible external loca-
tions. In this research, competing real-time computer models are “tested”
to determine their adequacy in replicating the internal measurements from
only the signals of the external sensors. This ongoing research is quite likely
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FIGURE 3.31
Sensor locations on installed CWRU three-stage test pump.

FIGURE 3.32
Robertson pump-efficiency probes.
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TABLE 3.2

Recommended Monitoring for High-Speed and Multistage Pumps
Recommended for Recording An Indication of
Pump flow, pump speed Internal wear

Shaft vibration (amplitude vs. frequency) Internal wear of feed pump
Balance water flow Drum piston clearance wear
Thrust bearing temperature Change in axial thrust?
Suction pressure and temperature Cavitation?
Discharge pressure Internal wear
Leak-off flow Overheating of pump
Radial bearing temperature Overload/wear?

Seal drain temperature Breakdown of seal
Barrel temperature (top and bottom) Casing distortion, insulation

3 Recommended for small and simple pumps.

to ultimately benefit many other types of power plant machinery and sys-
tems as well as other industries like chemical process plants and naval drive
systems.

3.5.6 Summary of Monitoring and Diagnostics

Table 3.2 summarizes recommended pump parameters to monitor and
record (Florjancic 2008). Depending upon the specific configuration and
application of a pump, combinations of monitored parameters can further
provide early warning of emerging operating problems.
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4

Pumping in Fossil Plants

The most basic cycle for a steam power plant is open loop and includes a
steam engine (turbine), a boiler, and a means of getting pressurized water
into the boiler. This is improved when closing the water loop by having a
condenser for the turbine exhaust, increasing the pressure drop across the
turbine to use more of the steam energy. The condenser returns the con-
densed feed water back to the boiler feed water pump to complete the closed
loop. This cycle is additionally improved by heating the feed water with
steam extracted from intermediate points of the steam turbine. This pro-
vides improvement to the cycle efficiency and deaeration of the feed water,
and eliminates cold water injection into the boiler, thus eliminating the asso-
ciated thermal strains on the boiler (Karassik and Carter 1960). This cycle
requires a minimum of three pumps—feed water, condenser, and condenser
circulating—as illustrated in Figure 4.1.

In addition to the essential pumps referenced in Figure 4.1, a number
of auxiliary pumps are employed including various circulating pumps,
sluicing pumps, cooling pumps, heater drain pumps, and boiler circulat-
ing pumps, each with specific problems of their own. In the early 1960s
the ongoing trend to higher steam turbine inlet pressures led to the plants
operating at super critical steam pressures up to 5500 psi. Karassik and
Carter further describe the utilization of multiple steam turbine extraction
points for heaters of the feed water and the associated multitude of heaters
and heater drain pumps (see Figures 4.4 and 4.5). The aggregate of cen-
trifugal pump functions for the steam power of propulsion drives for large
marine vessels are virtually the same as land-based power plants, albeit of
lower power capacity, but with even more stringent reliability and physical
size requirements.

4.1 Boiler Feed Water

Boiler feed water pumps are without a doubt high-technology machines,
although for many years they were more often thought of as the product of
engineering art rather than engineering science. The only centrifugal pumps
ever made that had a higher horsepower per unit of cubic volume of internal
fluid passages are the space shuttle liquid oxygen and liquid hydrogen main

85
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(See color insert.) Elementary steam power unit cycle.

engine pumps with a use time between rebuilds of less than 10 minutes,
whereas boiler feed water pumps are expected to have 40,000 hours of use
time between rebuilds. One is free to opine which of these two centrifugal
pump applications is the higher technology one.

The typical boiler feed arrangement in present-day large fossil units
is two close-to-identical boiler feed pumps in parallel to equally share
the flow to the boiler, that is, two 50% pumps, sometimes with a spare
change-out 50% feed water pump in reserve. With the two-50%-pumps
arrangement, the generating unit can operate at approximately 65% power
capacity with only one 50% pump operational, as shown in Figure 4.2

Two bumps jp paralle]

== Desig
System H-Q curve

Head, H
é

FIGURE 4.2
H-Q curves for two 50% pumps in parallel.
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where the one-pump-only H-Q curve intersects the system H-Q curve. In
smaller units such as industrial power plants, other feed water arrange-
ments are also used, such as one feed water pump or several feed water
pumps in parallel. When more than one feed pump is employed, they
must all have stable head—capacity curves with equal shut-off heads (see
Chapter 3, Section 3.1.1), otherwise they will not equally share the flow
to the boiler. The large power-barrel-type boiler feed pump exampled in
Figure 1.6 (see Chapter 1) has long been the workhorse of modern fossil
plants. In many plants a booster pump in inserted just upstream of the main
feed water pump to provide sufficient net positive suction head (NPSH)
to the main feed pump. An alternative to a booster pump is to have the
main feed water pump configured with a double-suction first-stage pump.
Florjancic (1983) provides a comprehensive chronology of the considerable
evolution of feed pump development/design dictated by the considerable
increase in power ratings from 1950 to 1980 of then newly installed steam
power plant units.

Current-era recently installed steam powered main turbines in the United
States are now essentially all part of combined-cycle plants. For the combined-
cycle-plant steam turbines, the feed water pumps generally adopted are of
the radially split ring-section configuration such as shown in Chapter 1,
Figure 1.16. It is less first-cost expensive than the superior more robust barrel-
type feed water pump. If the main feed pump is variable-speed driven, care
must be taken to ensure the required NPSH is met over the entire operat-
ing speed range. In large fossil plants originally commissioned as base load
units, their transition to load following with the emergence of nuclear pow-
ered plants has added major stressors to the boiler feed pumps as well as to
other power cycle systems.

In response to the host of resulting load-following boiler feed pump oper-
ating problems widely publicized (Makay 1978), the Electric Power Research
Institute (EPRI) funded in the mid-1980s a pioneering $10 million research
project to advance the robustness and reliability of large boiler feed pumps.
This research involved participation of both U.S. and European major man-
ufacturers and technologists for centrifugal pumps. The products of this
research are documented in several EPRI-published interim reports and
summarized in the final EPRI project report (Guelich et al. 1993). Feed pump
manufacturers worldwide now have used the results of this research to
improve their centrifugal pump products. The chapters of this EPRI final
report address the following topics:

1. Hydraulic instability and part load phenomena

2. Cavitation erosion in centrifugal pumps

3. Rotor dynamic modeling and testing of boiler feed pumps

4. Hydraulic and mechanical interaction in feed pump systems
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5. Rotor dynamic and thermal deformation test with high-speed feed
pump

6. Suction system effects on feed pump performance

In a much earlier EPRI report, Makay and Szamody (1980) give the fol-
lowing recommended short list for operational questions that needed to be
specified:

. Pump-turbine warm up (variable speed pumps only)
. Startup procedures
. Switchover load point: to high pressure admission steam

= W N =

. Switchover load point: from high pressure steam admission to cross-
over steam

5. Manual/automatic operating modes

6. Load for placing second boiler feed pump in service
7. Control room or automatic monitoring parameters
8. Load change rates

9. Minimum flow as percent of valve-wide-open; modulating or on-off
operation

Serious degradations and outright failures of boiler feed pump com-
ponents, from the constant operating stressors, are not uncommon even
with the best of design practices. Shaft seals, interstage sealing clear-
ances, shafts, bearings, impellers, and axial thrust balancers are the most
likely failure sources. Chapter 3 provides a primer on the fundamental
failure mechanisms and root causes for component degradations and
failures.

Extensive preference for the radially-split ring-section feed pump configu-
ration (Figure 1.16) for the newer combined-cycle-plant steam turbines has
apparently led to a new generation of feed pump reliability and availability
problems. Were he still alive, Dr. Makay would most assuredly be extending
his pioneering troubleshooting work to fix these pumps. The Architecture
Engineer (AE) switch from the more robust Makay-perfected generation of
the barrel-type feed water pumps are apparently motivated by lower first
cost. The criticality of feed pump internal component manufacturing tol-
erance stack-ups, both radially and axially, were well exposed in Makay’s
many lucid articles and short-course notes. Just from the picture of the typi-
cal radially split ring-section feed pump in Figure 1.16, one can well imagine
how their radial and axial manufacturing tolerance stack-ups can adversely
impact internal flow patterns and hydraulically generated dynamic forces,
as covered in Chapter 3.



Pumping in Fossil Plants 89

4.2 Condensate, Heater Drain, and Condenser Circulating

The condensate pump suction is fed from the condenser hot well. Figure 4.1
shows where it fits into the basic steam power cycle. Both horizontal and
vertical centerline condensate pumps have been employed. But large
modern plants typically use vertical canned-inlet multistage condensate
pumps, commonly called turbine pumps (Figure 4.3). The available NPSH is
quite low (approximately 2 to 4 feet) being the difference between the water
level in the condenser hot well and the condensate pump first-stage impeller.
So the major advantage (i.e., NPSH) of the vertical canned-inlet configuration
is that the first stage impeller is located at a lower level than with a horizontal
pump. A condensate booster pump is also employed in some plants.
Controlling the condensate pump as the generating load is cycled can be
accomplished with a variety of different methods depending upon the con-
tiguration of feed water heaters used. Two typical multiheater steam loops,
so-called closed loop and open loop configurations, are shown in Figures 4.4
and 4.5. As illustrated, the difference between these two loops is only the use
or nonuse of a direct-contact heater in-series with the closed feed water heat-
ers. For the closed loop arrangement in Figure 4.4, the condensate pump and

FIGURE 4.3
Vertical canned-inlet multistage vertical condensate pump (cutaway).
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FIGURE 4.4
(See color insert.) Closed loop feed water cycle with several heaters.

boiler feed pump are like a single unit with combined single head—capacity
curve. This combined head—capacity curve intersects the system head-
capacity curve so flow is varied either by a throttle valve or by varying the
speed of the boiler feed pump.

For an open loop arrangement (Figure 4.5), several options are in use to
control the condensate pump flow:

1. Submergence control, allowing the pump to operate at the cavitation
break point, with design measures to ensure against erosion dam-
age, has been often successfully employed in the past

2. Throttle the pump discharge

3. Allow the pump to intersect its system H-Q curve and bypass the
excess condensate back to the condenser hot well

A combination of methods 2 and 3 has also been successfully employed.
However, since the submergence control approach operates continuously at
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FIGURE 4.5
(See color insert.) Open loop feed water cycle with several heaters.

the cavitation break point, it is not applicable for vertical can-type conden-
sate pumps because of the relatively higher NPSH required, which would
provide high enough energy to allow the collapsing vapor bubbles to rapidly
erode the first-stage impeller (see Chapter 2, Section 2.3.1).

Condensate from the closed heaters can be pumped to the feed water cycle
to avoid both loss of the heat content of this water as well as wasting this
water, as shown in Figures 4.4 and 4.5. Piping each heater drain to the next
lower pressure heater requires no heater drain pumps, with the lowest pres-
sure heater drained back to the condenser.

Condenser circulating pumps in modern plants are usually of a vertical con-
figuration, of either dry-pit or wet-pit type. The dry-pit type condenser circu-
lating pump operates in a surrounded-by-air environment. The wet-pit type
operates either partially or completely surrounded by the pumped water.
The choice between these two has been somewhat controversial (Karassik
and Carter 1960). Figure 4.6 shows a typical vertical condenser circulating

pump.
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FIGURE 4.6
Vertical dry-pit mixed-flow condenser circulating pump.
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FIGURE 4.7
Cross section of a boiler circulating pump.
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4.3 Boiler Circulating

An illustration of a boiler circulating pump is shown in Figure 4.7. It is from
a family of 1950s vintage generating units and is discussed in detail later
in Section III as one of the troubleshooting case studies. As boiler sizes
increased along with the generating capacity of fossil units, an approach
for minimizing the boiler physical dimensions was to employ a number of
boiler circulating pumps (typically three or four in parallel) to eliminate
total reliance on free convection heat transfer in the boiler. When these
pumps are maintained in good running condition, the boiler can operate
at full load with one less than the total number of boiler circulating pumps
installed in parallel. Advantages touted by proponents of using boiler cir-
culating pumps include (1) smaller diameter boiler tubes, (2) layout free-
dom of boiler tube arrangements, (3) reduction in number and size of down
takes and risers, (4) lower boiler support structure weight, and (5) greater
flexibility of operation.

However, the operating conditions for boiler circulating pumps are among
the most severe conditions of service in the plant. Figure 4.7 shows the obvi-
ously severe operating pressure and temperature combination. Figure 4.8
shows a boiler circulation cycle employing a boiler circulating pump. Karassik
and Carter (1960) provide some additional background on these pumps.
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5

Pumping in Nuclear Plants

A nuclear reactor converts atomic energy into heat. Figure 5.1 illustrates
the fission atomic process that is utilized in land- and naval-based nuclear-
powered systems. A chain reaction from uranium U-235 pellets in the
fuel rods is controlled to a steady-state rate of heat production with control
rods made of a neutron-absorbing material. Source rods containing neutron
sources are used to initiate startup of the reactor. Very high velocity neutrons
are slowed in the moderator, converting their kinetic energy into heat. At full
extension the adjustable control rods allow just enough free neutrons for the
heat production needed to supply the thermal energy utilized to drive the
steam turbine at full load. In addition to the heated moderator there must also
be a coolant to transfer the heat from the moderator to the steam-producing
process that powers the steam turbine-generator. The nuclear reactor system
is basically equivalent to the boiler in a fossil burning power plant.

In US. nuclear power plants the water circulated through the reactor
serves both as the moderator and the coolant. Outside the United States the
carbon-moderated air-cooled reactor type is also employed (e.g., Chernoby]l).
In the United States there are two types of water-cooled reactors employed
in power plants: the pressurized water reactor (PWR) (Figure 5.2a) and the
boiling water reactor (BWR) (Figure 5.2b). PWRs make up about two-thirds
and BWRs one-third of U.S. commercial nuclear power. Naval applications
all utilize PWRs.

The PWR system has a highly pressurized primary loop to prevent boil-
ing in the reactor, which is hermetically separated from the secondary loop.
The reactor-produced heat in the primary loop is transferred to the steam-
producing secondary loop through a large closed heat exchanger referred
to as the steam generator. Not reflected in Figure 5.2a, the primary loop of
a commercial PWR has at least single redundancy as illustrated by Makay
et al. (1972) (Figure 5.3). When a reactor primary coolant pump (PCP) fails
to pump in service for whatever reason, the remaining PCPs must suffice
to safely reduce the load as needed while additionally accommodating the
backflow through the nonpumping PCP.

Figure 54 shows detailed cutaway illustrations of the three main PWR
components: reactor, primary coolant pump, and steam generator. A dimen-
sional illustration of a PWR primary coolant pump is shown in Chapter 2,
Figure 2.26a. In a PWR system, since the steam piped to the main turbine
is not radioactive, the turbine does not need to be housed within the con-
tainment vessel, an obvious advantage for construction as well as for

95
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FIGURE 5.1
The nuclear fission process that converts atomic energy into heat.

turbine-generator maintenance. The BWR system is conceptually simpler
than the PWR system since it has but one loop with the steam produced
within the reactor. The tradeoff is consequently that the BWR system has the
turbine housed within the containment vessel.

The steam turbine-generator portion of a nuclear powered unit is not
appreciatively different from that of a fossil burning unit. However, in the
United States all commercial nuclear unit steam turbines operate at 1800 rpm,
that is, 4-pole machines on a 60 Hz grid. Therefore, realizing that Power =
Torque x Speed, the U.S. nuclear plant steam turbine-generator physical
size is significantly larger than that of a fossil plant 3600 rpm turbine-
generator unit of the same power rating. Figure 5.5 shows a 1000 MW
1800 rpm steam turbine-generator for a nuclear plant. In Europe and other
50 Hz grids, some of the nuclear units operate at 1500 rpm (4-pole) and some
at 3000 rpm (2-pole). The rotational speed reflects the additional emphasis on
safety-accorded nuclear plants. Basically, rotational-speed-dependent rotor
stresses increase with the square of the speed and the overall propensity for
potential vibration problems increases with speed as well.

The attention to pumps in this chapter focuses primarily on those that are
particular to nuclear powered plants and safety related. Figure 5.6 summa-
rizes those major nuclear plant pumps. Given that aging fossil-fired plants
are continuously being decommissioned and that sustainable energy options
(e.g., wind, solar, micro-hydro) will not nearly fill all energy needs for the
foreseeable future, if ever, nuclear power will not be abolished, at least not
in the United States. Adams et al. (2004) recommended to the U.S. Nuclear
Regulatory Commission future areas of research to further improve nuclear
power safety as summarized in Figure 5.7.
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Essentials of nuclear power plants: (b) BWR system.

5.1 Pressurized Water Reactor Primary Reactor Coolant

The PWR primary coolant pump (PCP or RCP) is the most crucial safety-
related pump in the plant. PWRs thus typically have two or more coolant
loops with at least one PCP operating in each coolant loop as illustrated in
Figure 5.3. In the unlikely event that both the auxiliary electric power to
the plant and both diesel-driven backup auxiliary power units fail to deliver
power to the PCP motors, the quite large flywheel on the top of PCP motors
is sized large enough to provide a sufficiently long coast downtime of PCPs
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FIGURE 5.3
Schematic diagrams of typical primary coolant loops for PWRs. (a) One pump per loop, (b) two
pumps per loop, and (c) two parallel pumps per loop.

to provide sufficient cooling to allow the control rods to be fully inserted into
the reactor to safely cease major heat production. The upper motor assembly
contains an antireverse rotation piece to prevent the PCP from “turbining”
when motor power is interrupted. The PCP shown in Figures 2.26 and 5.6
is a later version of that shown in Figure 5.4b. The difference is in the cou-
pling arrangement between motor and pump. In the later version, an eas-
ily removable coupling spool piece has been added to allow inspection and
maintenance of the pump shaft seal system without removing the motor,
saving considerable maintenance downtime by minimizing the number of
operations involved in pump shaft seal inspection.

In both versions, the rigidly coupled rotor is radially supported by three
journal bearings, two in the motor and one (primary-loop water-lubricated)
near the pump impeller. Thus the journal bearing loads are statically inde-
terminate. Therefore, the journal bearing loads will not only depend upon
pump-hydraulic static radial rotor forces (see Chapter 1, Figures 1.12 and 1.13)
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FIGURE 5.4
(See color insert.) PWR (a) reactor. (Continued)
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FIGURE 5.4 (CONTINUED)
(See color insert.) PWR (c) steam generator.
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FIGURE 5.5
(See color insert.) 1000 MW 1800 rpm steam turbine-generator for U.S. nuclear plant.
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Nuclear power plant major pumps: Reactor coolant pump (RCP), residual heat removal (RHR),
feed water (FW), auxiliary feed water (AUXFW), high pressure safety injection (HPSI).
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Recommended research areas to strengthen nuclear plant safety.
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and electric motor static radial rotor forces, but also depend upon the radial
alignment tolerance between the three journal bearings and rotor flexibility.
Combining this fact with the PCP having a vertical rotor, and therefore the total
rotor weight being carried by the axial thrust bearing and not the journal bear-
ings, the resultant journal bearing loads are quite random. Adams (2010) clearly
explains and demonstrates with troubleshooting case studies that journal
bearing rotor dynamic stiffness and damping properties are strong functions
of bearing static loads. So rotor vibration characteristics (e.g., critical speeds,
instability thresholds) also vary widely over time on the same PCP. Figure 5.8
illustrates the sources of bearing loads on a PCP rotor. Of all the U.S. PCP man-
ufacturers and non-U.S. PCP manufacturers, only one manufacturer (German)
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Magnetic force * [ Motor rotor ]

Motor journal bearing

Rotor C. G.

Rotor balance

Pump journal bearing
2

Rotor unbalance

Hydraulic radial load » r Impeller J
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FIGURE 5.8
Sources of bearing loads on a primary coolant pump rotor.
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has not used the three-journal-bearing rigidly coupled rotor with statically
indeterminate journal bearing loads. That configuration is schematically illus-
trated in Figure 59 (Makay et al. 1972). As shown, the German design has two
flexibly coupled rotors. Thus all bearing loads are statically determinant. So its
sensitivity/variability over time, of journal bearing loads and rotor dynamic
characteristics to manufacturing and assembly tolerances, is much less than for
the other manufacturers’ three-journal-bearing rigidly coupled rotors.

Since nearly all the PCPs have now been in service for many decades, aging
becomes a significant matter of concern. Much has been learned by technolo-
gists on critical design aspects of these PCPs since their commissioning, particu-
larly in (a) journal bearing load determination, (b) rotor dynamic characteristics,
(c) unbalance rotor vibration, (d) seal failures, (e) shaft failures, (f) seismic robust-
ness, and (g) monitoring and diagnostics (Makay and Adams 1979). As power
producers apply for operating license extensions for aging nuclear power plants,
the critical technologies such as illustrated in Figure 5.7 for nuclear safety-related
pumps, need to be comprehensively utilized in regulatory decisions for operat-
ing license extensions. At the same time, it is quite relevant to keep in mind that
the original developers/designers/evaluators of these PCPs have either passed
away or are very long into retirement, the author not excluded.
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Journal and thrust bearing combined
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Shaft seal package

:| |}Xfater lubricated journal bearing
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FIGURE 5.9
Schematic of German manufacturer’s PCP.
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5.2 Feed Water and Auxiliary Feed Water

Figure 1.7 (Chapter 1) shows the cutaway of a typical single-stage double-
suction nuclear feed water pump with a rotational speed around 5000 rpm.
Typically two such 50% feed pumps are installed and turbine driven. An
additional motor driven 50% feed water pump may also be used for startup
and as a reserve or standby pump, although a small startup feed water pump
is generally employed for startup and shutdown. Less common configura-
tions used are more similar to boiler feed pumps, which can be either tur-
bine or motor driven. The feed water and auxiliary feed water pumps of both
PWR and BWR systems are among the most critical safety-related pumps
in a nuclear power plant. In the PWR system, the feed water/steam system
is within the secondary loop and thus is hermetically separated from the
primary loop water radiation, except when significant steam generator tube
leaks occur, which will be detected by radiation sensors in the steam turbine.
As Figure 5.6 illustrates, auxiliary feed pumps are more akin to typical multi-
stage boiler feed pumps of fossil plants.

5.3 Residual Decay Heat Removal

As Dahlheimer et al. (1984) explain, the primary function of the residual heat
removal system (RHRS) is to transfer heat energy from the reactor core and
reactor coolant system (RCS) during plant cooldown and refueling opera-
tions. The RCS temperature is reduced to 140°F (60°C) within 20 hours fol-
lowing reactor shutdown. The RHRS may also be used to transfer refueling
water between the refueling cavity and the refueling water storage tank at
the beginning and end of refueling operations. The residual heat removal
pumps are also utilized as part of the safety injection system for emergency
core cooling in the event of a loss-of-coolant accident (LOCA).

5.4 High Pressure Safety Injection and Charging

Figure 5.6 shows the cutaway of a high pressure safety injection (HPSI) pump.
The safety injection system (SIS) has many purposes, the most important
being to provide emergency reactor core cooling in case of a loss-of-coolant
accident (LOCA). The SIS also adds negative reactivity with injection of
borated water to meet shutdown requirements and/or to compensate for
the reactivity increase caused by cooldown transients such as from a steam
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FIGURE 5.10
Charging pump.

line break. The SIS positive displacement hydro-test pumps also provide a
backup source of reactor coolant pump seal injection water. In the unlikely
event of a LOCA, the SIS is designed to limit increases in fuel clad tempera-
tures, core geometry distortion, and metal-water reaction for all break sizes.
For the more probable break sizes less than or equal to 5 inch (12.7 cm) inside
diameter, the SIS is designed to minimize core damage by providing flow
to the core that is sufficient to prevent the mass depletion-related uncover-
ing of the core. The system is designed to provide not only emergency core
cooling but also continued cooling during the long-term phase following the
accident. High pressure safety injection water is provided by separate high-
head pumps while lower pressure injection water is supplied by the residual
heat removal (RHR) pumps. Passive accumulator tanks are located inside the
containment to provide for fast injection of water following a LOCA.

Charging pumps circulate reactor primary coolant, at the pumping maxi-
mum temperature of 284°C, to the treatment plant. These pumps also limit
temperatures in a BWR pressure vessel by forced circulation within a closed
loop. The charging pump configuration is a motor driven, flexibly coupled,
horizontal centerline, radially/vertically split volute casing centrifugal pump
with a double-suction first-stage impeller (Figure 5.10).

5.5 Boiling Water Reactor Main Circulating

A BWR recirculation system is used for (a) control of reactor power level
through the variable speed recirculation pumps, (b) cooling of the reactor
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BWR main circulating pump.

during part load operation, and (c) emergency makeup and chemical puri-
fication. The recirculation system consists of two recirculation loops, each
consisting of piping from the reactor to a recirculation pump and return
line back to the reactor. The recirculation pumps are driven by variable speed
motors. As the speed increases, more voids are swept from the core, resulting
in more thermal neutrons being produced. This increases power produced.
The pumps are installed in the annular region between the core barrel and
the outside reactor vessel as shown in Figure 5.11.

5.6 Quarterly Testing of Standby Safety Pumps

As exposed by Casada and Adams (1991) and Adams (1992), the quarterly
short-duration testing of standby safety pumps can quite possibly produce
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more wear and tear than if these pumps were operated all of the time con-
tinuously at their design-flow point. These pumps include (a) auxiliary feed
water, (b) high pressure safety injection, and (c) decay heat pumps (see Figure
5.6). The fundamental stressor is the typical quarterly testing of these pumps
at flows near shut-off condition, that is, at flows that are considerably below
their best-efficiency-flow design point. Chapter 3, Section 3.1.3 highlights the
torturing effects at low-flow operation. But plant designers apparently did
not seriously think about this due to the relative short duration of quarterly
operability tests. And, of course, if a safety-related backup pump is in fact
operated in a real emergency like a LOCA condition, it will be operating at
its full flow operating condition. So quarterly testing at near shut-off flow
does not really validate or confirm pump performance for a true emergency
condition.



Section III

Troubleshooting Case Studies



Taylor & Francis
Taylor & Francis Group

http://taylorandfrancis.com


http://taylorandfrancis.com

6

Boiler Feed Pump Rotor Unbalance
and Critical Speeds

The most common cause of excessive rotor vibration is mass unbalance in
the rotor, and the primary symptom is, of course, excessive once-per-rev
(synchronous) vibration. Vibration excited by residual rotor unbalance is
always present in all rotors at all operating speeds, because it is impossible
to make any rotor perfectly mass balanced. Therefore, the objective concern-
ing rotor unbalance excited vibration is limiting it to allowable levels, not the
impossibility of total elimination. Figure 3.25 and Table 3.1 (see Chapter 3)
provide guidelines categorizing whether residual vibration amplitudes are
within acceptable limits. When vibration levels are deemed excessive and it
has been established that the excitation is from rotor unbalance, the proper
corrective course of action is often simply to rebalance the rotor. However,
in centrifugal pumps, strong synchronous vibration can also originate from
sources other than rotor mass unbalance, most notably centrifugal pump
hydraulic forces (see Section 3.2). Therefore, it is readily apparent just from
the symptoms associated with excessive rotor unbalance that identification of
specific root causes of excessive pump vibration remains an inexact science.

The most frequent rotor-balancing job is the in-service quick balance cor-
rection. A balance correction weight is placed on the rotor at a readily acces-
sible location. The objective of such single-plane in-service balancing shots is to
reduce the maximum vibration levels. It is not intended nor is it feasible that
such a single-plane balance shot provide the high quality degree of rotor
balance that is achievable when the removed bare rotor is factory component
balanced, impeller-by-impeller, and then balanced fully assembled in a pre-
cision balancing machine.

The root cause for excessive synchronous vibration can also be other than
the rotor being too far out of balance or the hydraulic result of poor impel-
ler cast vane accuracy. If the operating speed is too close to an inadequately
damped resonance condition (i.e., critical speed; see Chapter 3, Figure 3.7),
the synchronous vibration level can be excessive. The case studies presented
in this chapter are not of the category where routine in-service rebalancing
of the rotor is the solution to the excessive vibration problem. Each case study
presented here typifies the more difficult ones to solve where routine rebal-
ancing does not solve the problem. As these cases demonstrate, identification
of both root cause(s) and the most cost-effective solution(s) or fixes can be

113
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enormously aided by using analysis models. Adams (2010) provides detailed
treatments on rotor vibration modeling for troubleshooting.

6.1 Casel

The rotor sectional view shown in Figure 6.1 is from a four-stage boiler feed
pump (BFP). In the power plant of this case study, the BFPs are installed
as variable speed units with operating speeds from 3000 to 6000 rpm, each
with an induction motor drive through a variable speed fluid coupling. In
this plant, the BFPs are all “50%” pumps, so when the main stream turbo-
generator is at 100% full load power output, two such pumps are operating
at their full design H-Q operating condition. The plant in this case houses
four 500 MW generating units, each having three 50% BFPs installed (i.e.,
one extra 50% BFP on standby), for a total of 12 boiler feed pumps of the
same configuration. Full-load operating ranges for each 50% BFP is 5250 to
5975 rpm, 684 to 1035 m3/hr, and differential pressures from 13.4 to 21.0 MPa.

The BFPs at this plant had experienced a long history of failures, with typi-
cal operating times between overhauls under 10,000 hours, with the atten-
dant excessive monetary costs. Based on the operating experience at other
power plants employing the same BFP configuration with quite similar oper-
ating ranges, these BFPs should have been running satisfactorily for over
40,000 hours between overhauls. Using vibration velocity peak monitored at
the outboard bearing bracket, these BFPs were usually taken out of service
for overhaul when vibration levels exceeded 15 mm/sec (0.6 in/sec). To wait
longer significantly increased the overhaul rebuild cost, that is, more dam-
age. The dominant vibration frequency was synchronous.

The author’s preliminary diagnosis was that these pumps were operating
quite near a critical speed and that the resonance vibration resulting from
this worked to accelerate the wearing open of interstage sealing ring radial
clearances. As these interstage clearances wear open, the overall vibration
damping capacity diminishes significantly, typically leading to a continu-
ous growth of vibration levels. To confirm this preliminary diagnosis, the
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FIGURE 6.1
Rotor sectional view for a four-stage boiler feed water pump.
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author developed a finite-element-based rotor-vibration computer model for
this BFP configuration to compute lateral rotor vibration unbalance response
versus rpm, as exampled in Figure 3.7. The manufacturer of the pump pro-
vided a nominally dimensioned layout of the assembled pump, including
weight and inertia for concentrated masses (impellers, balancing disk, thrust
bearing collar, coupling piece, and shaft sleeves). The pump OEM also pro-
vided detailed geometric dimensions for the journal bearings, interstage
radial seals, and other close-clearance radial annular gaps. This cooperation
by the pump OEM greatly expedited the development of the rotor-vibration
computer model, eliminating the need to take extensive dimension measure-
ments from one of the BFPs at the plant or repair shop in Australia.

The radial annular gaps have clearance dimensions that are quite small
and are formed by the small difference between a bore inside diameter (ID)
and an outside diameter (OD), each with tolerances. The size of each of these
small radial clearance gaps is very influential on the respective bearing or
seal stiffness, damping, and inertia coefficients, and thus very influential
on the computed results for rotor vibration response. However, these small
radial gaps vary percentage-wise significantly and randomly because of
their respective ID and OD manufacturing tolerances plus any wearing open
due to in-service use. BFPs are thus one of the most challenging rotating
machinery types to accurately model and analyze for rotor vibration. The net
result is that even in the easiest of cases, a realistic rotor vibration analysis
for troubleshooting purposes (as opposed to design purposes) requires sev-
eral trial input cases to get the model predictions to reasonably portray the
vibration problem the machine is exhibiting. By iterating the model inputs
per radial-clearance manufacturing tolerances and allowances for wear, a
set of inputs is sought that produce rotor vibration response predictions that
concur with the machine’s vibration behavior. When or if a good agreement
model is so obtained, it is referred to as the calibrated model. Through such
computer simulations, the calibrated model can then be used to explore the
relative benefits of various fixes or retrofit scenarios.

A calibrated model was not initially achieved for this pump vibration
problem in that all reasonable model variations for input dimensions failed
to produce predicted unbalance responses having a resonance peak below
8000 rpm, which is considerably above the maximum operating speed. Since
the power plant in this case was a considerable distance outside the United
States, a visit to the plant had not initially been planned. However, given
the failure of all initial computer model variations to replicate or explain the
BFP excessive vibration problem, a trip to the plant south of Melbourne was
undertaken to study the pumps firsthand.

Poor hydraulic conditions in BFPs, such as from inaccurate impeller cast-
ings, can produce strong synchronous rotor vibrations, so several of the impel-
lers were inspected for such casting inaccuracies. In the course of further
searching for the vibration problem root cause, a number of serious deficien-
cies were uncovered in the local BFP overhaul and repair shop’s methods and
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procedures, all of which collectively might have accounted for the vibration
problem. Luckily, on the last day of the planned one-week visit to the plant,
the root cause was discovered, but it could have been easily overlooked. In
the process of discussing installation-after-overhaul details with a mechanic
at the plant who was reinstalling a just-repaired BFD, it was revealed to the
author that between the inner journal bearing half shells and the axially split
outer bearing housings there was a clearance of about 0.001 in (0.025 mm) into
which a gasket was interposed and compressed as the two housing halves
were tightly bolted together. This use of gaskets had been discontinued many
years earlier in most U.S. power plants. The net result of the interposed gasket
was to reduce the effective bearing stiffness to a value significantly below the
range that had been reasonably assumed in the initial (unsuccessful) attempts
to develop a calibrated rotor vibration computer model. When the gasket-
clearance effect was incorporated into the computer model inputs, a resonance
critical speed peak showed up right within the normal operating speed range.

An analysis study was made to compute critical speed as a function bear-
ing stiffness, using a stiffness value range consistent with the interposed
gasket. A summary of the results for this analysis is shown in Figure 6.2. A
bearing stiffness value of 100,000 lb/in placed the critical speed right at the
normal full load operating speed range. The variability of gasket compres-
sive stiffness also explained the plant’s experience with the excessive vibra-
tion fading “in and out” over time.

The gasket stiffness is in series with the bearing oil film’s in-parallel stiff-
ness and damping characteristics. Since the gasket stiffness is much less
than the journal bearing oil-film stiffness, the gasket also reduces consid-
erably the damping action in the oil films, further acerbating the vibration
problem. The use of a gasket between the bearing inner shell and outer hous-
ing was clearly the smoking gun, placing the critical speed near the normal
tull-load operating speed while depriving the attendant resonance of rea-
sonable bearing damping. The bearings were reinstalled with metal shims to
provide a bearing pinch of about 1 mil (one thousandths of an inch).

6000

Critical speed (rp
[y}
S
S
S

Four-stage boiler feed water pump

0 T T T
10,000 45,000 100,000

Journal bearing stiffness (Ib/in)

FIGURE 6.2
Critical speed versus bearing stiffness including the interposed gasket.
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FIGURE 6.3
Critical speed rotor response shape with typical unbalances.

A simplified planar view of the computed BFP nonplanar critical-speed
rotor-response shape is shown in Figure 6.3, which graphically “flattens”
the response shape into a plane. This is helpful in showing the rotor axial
locations where residual rotor mass unbalance will have the most effect
in exciting the critical speed resonance vibration. The obvious conclusion
drawn from the computed unbalance response shape shown in Figure 6.3 is
that coupling unbalance probably contributed significantly to this vibration
problem, because the repair shop’s rotor balancing procedure, as witnessed,
was inadequate in several areas, particularly in their handling of the cou-
pling. The flexible couplings employed on these BFPs are of the diaphragm
type and are well suited to the BFP application, being more reliable than gear
couplings that require maintaining lubrication (see Chapter 2, Section 2.4.2).
With a properly functioning flexible coupling, the BFP is sufficiently isolated
from the driver (lateral vibration-wise) so that the rotor vibration analysis
model in this was justifiably terminated at the pump half of the coupling.
Experience has shown this to be well justified.

6.2 Case 2

A second BFP vibration case study presented here involves the BFP shown
assembled in Figure 6.4. It is similar in size and capacity to that in the Case
1 study (Figure 6.1), being a 50% pump for a 430 MW steam turbo-generator
unit. The BFP shown in Figure 6.4 is actually a three-stage pump for boiler
feed, but has a small fourth stage (called a “kicker stage”) that is to supply
high-pressure injection water at pressures above feed water pressure.

This BFP was observed to have a critical speed at 5150 rpm, although the
manufacturer’s design analyses did not support this observation. This is a
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FIGURE 6.4
Assembly view of a boiler feed water pump.

variable speed pump with a maximum operating speed of 6000 rpm. The
5150 rpm critical speed was in the frequently used operating speed range
and produced excessive vibration levels, primarily at the inboard end of the
rotor, that is, coupling end at suction inlet. A clue was supplied by Dr. Elemer
Makay (see “In Memoriam”). At a number of power plants employing the
same BFP design, he observed BFP inboard journal bearing distress in the
top half of the bearing bore. This bearing distress was consistently centered
about 10° rotation direction from the top center. The journal bearings were of
a design employing a relieved top-half pocket. The specific elbow geometry
of the pump inlet piping suggested to Makay that there was consequently
a significant upward hydraulic static impeller force on the suction end
(inboard end) of the rotor.

A finite-element-based rotor unbalance vibration response model was
developed by the author from detailed OEM information supplied by
the electric power company owner of the plant. A lengthy double-nested
iteration study was undertaken in which an upward static rotor force was
applied on the rotor model at the suction-stage impeller. Through a trial-
and-error iteration, this upward static radial force was directed so as to
produce an inboard journal eccentricity direction of 10° rotation from the
journal bearing top center, motivated by the bearing distress observations
of Makay. From each of several values assumed for this force, a set of journal
bearing static loads were calculated. A set of bearing stiffness and damp-
ing coefficients were in turn calculated for each set of bearing static loads.
Each set of bearing stiffness and damping coefficients were then used as
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inputs to the finite-element based unbalance response model to compute
rotor vibration response versus revolutions per minute using a typical set
of rotor unbalances.

Through several iterations, a force of 3477 pounds yielded journal bearing
rotor dynamic coefficients that predicted an unbalance-excited critical speed
of 5150 rpm. Furthermore, at this predicted 5150 rpm critical speed, the rotor
vibration response shape showed high inboard (coupling end) vibration lev-
els as observed on the BFPs at the plant. In fact, the critical speed rotor vibra-
tion response shape was very similar to that shown in Figure 6.3 for Case 1.
The problem was eliminated by retrofitting a different journal bearing con-
figuration that shifted the critical speed considerably above the 6000 rpm
maximum operating speed.

6.3 Case 3

The boiler feed pump shown in Figure 6.5 experienced a number of forced
outages that were accompanied by excessive vibration levels. One of these
outages involved a complete through-fracture of the pump shaft just adja-
cent to the balancing drum runner. The author was retained to diagnose the
root cause(s) and develop a cost-effective fix. This pump was not equipped
with shaft targeting noncontacting displacement proximity probes. So the
author’s first step was to retrofit two proximity probes 90° apart near each
pump journal bearing to obtain shaft vibration displacement measurements
adequate for successful root cause diagnoses. These four retrofitted proxim-
ity probes were installed in parallel with four velocity pickups to capture
any proximity probe mounting motions. Figure 6.6 shows the outboard end
of the pump with the author’s retrofitted vibration X and Y proximity probes
and velocity pickups.

A parallel task was undertaken to develop a rotor unbalance vibration
response computer model for this pump. Computer model prediction results
are shown in Figure 6.7, and predict a critical speed at 5250 rpm, right near
the normal full load operating speed. Subsequent to these model predic-
tions, the unit was restarted and all eight channels of newly installed vibra-
tion channels were recorded as a function of pump rotational speed during
roll-up. A sample of these vibration measurements is plotted in Figure 6.8.
These rotor vibration measurements clearly show a vibration peak at about
5100 rpm, quite close to the premeasurement predicted 5250 rpm critical
speed. This critical speed was judged a strong contributing factor to the
excessive pump vibrations and associated outages. The author engineered
wear-ring surface geometry modifications for this pump (Lomakin shallow
grooves; see Chapter 2, Figure 2.23b) to shift the critical speed well above the
operating speed range.
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Variable-speed boiler feed pump of a 600 MW generating unit.

FIGURE 6.5
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FIGURE 6.6
Retrofitted proximity probes and velocity pickups.
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FIGURE 6.8
Boiler feed pump shaft vibration measurements.
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6.4 Summary

The three boiler feed pump cases presented in this chapter demonstrate
the considerable challenges in developing good predictive rotor vibration
models for multistage centrifugal pumps. These challenges arise from two
sources. The first is the multiplicity of liquid-filled annular rotor-stator
small-clearance radial gaps that dominate the vibration characteristics of
such machines, combined with the dimensional variability of these small
radial gaps from ID and OD manufacturing tolerances and in-service wear.
Second, the potentially large and uncertain hydraulic radial static impeller
forces, which vary with a pump’s operating speed and points over its head—
capacity curve (see Chapter 1, Equation 1.10), introduce considerable uncer-
tainty in radial bearing static loads. Since a journal bearing’s rotor dynamic
characteristics are strong functions of its static load, the inherent uncertainty
of impeller static radial forces adds to the uncertainty for rotor vibration
modeling and problem diagnoses. These case studies demonstrate the dili-
gent persistence required to isolate the root cause(s) in cases where simply
rebalancing the rotor does not solve the problem.
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Nuclear Feed Pump Cyclic
Thermal Rotor Bow

7.1 Background on Cyclic Vibration Symptom

This troubleshooting case was presented for the author’s investigation after
the plant owner company conducted an extensive but unsuccessful in-
company project to alleviate a vibration problem in all the feed water pumps
in a plant housing two 1150 MW pressurized water reactor (PWR) generat-
ing units. Each PWR unit has two 50% feed pumps with a spare feed pump
on site. A cross-sectional layout of the feed pump configuration is shown in
Figure 71. All four operating feed pumps had experienced cyclic rotor vibra-
tion spikes that were synchronized with the seal injection water flow control.

Only after several months of unsuccessful in-company vibration measure-
ments and troubleshooting diagnoses of this excessive vibration problem, the
author was retained by the power company owner to see if a rotor vibration
computer model analysis could identify the root cause of the excessive vibra-
tion. A more detailed documentation of this troubleshooting case is reported
by Adams and Gates (2002) where the plant and pump OEM are identified.
The correlation between pump seal injection water control and vibration sig-
nals is shown in the 50-minute sample of vibration data in Figure 7.2.

7.2 Rotor Vibration Analyses

Exhaustive computer rotor vibration analyses of this pump were conducted
by the author in a manner similar to the successful use of computer model-
ling to assist in the three boiler feed pump troubleshooting cases presented
in Chapter 6. The rotor vibration computer analyses included investigations
for root causes from critical speed resonances and instability self-excited
rotor vibration phenomena. It was no surprise to the author that these analy-
ses eliminated critical speeds and self-excited vibration phenomena as likely
root causes, but the plant insisted upon these analyses as the first step.
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FIGURE 7.1
Nuclear feed water pump; analysis mass stations are numbered.
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7.3 Cyclic Thermal Bow Analysis

With those analyses out of the way, the author was free to study if a cyclic
thermal bowing of the rotor could be the root cause of the problem that could
explain the plant’s pump rotor vibration. The 10°F cyclic seal injection differ-
ential temperature swings synchronized with the 15 min/cycle rotor vibra-
tion characteristic shown in Figure 7.2. A close examination of this pump
configuration in Figure 7.1 shows a typical arrangement employing shaft
sleeves to form the rotating parts of the shaft seals. There are two mating
sleeves on each axial side of the double-suction impeller. Each of these two-
sleeve combinations was modeled by a single hollow cylinder of nominal
length. A calculated 10°F differential thermal expansion for the two-sleeve
model (in steel) was computed to be 1.2 mils (0.03 mm), which was calcu-
lated to impose a 23,000 pound (10,250 N) compressive force on the sleeves,
since the much higher cross-sectional area of the shaft virtually prevents this
differential thermal expansion. Under perfect manufacturing and assembly
conditions (i.e,, no tolerances), the compressive restraining force would be
co-axial with the shaft centerline (i.e.,, best-case scenario). Under a worst-
case scenario (possible), the axial restraining force would be centered at the
outer radius of the cylinder (R = 3.5 in, 89 mm). For a representative bending
moment calculation, the intermediate value of R/2 was used. Shaft compres-
sive force was accordingly calculated to yield a shaft bending moment of
40,250 in-Ib (1.75 x 23,000), 4554 N-m.

7.4 Shop Cyclic Thermal Test and Low-Cost Fix

As illustrated in Figure 7.3, the bending moment was calculated to cause a
3.8 mil (0.097 mm) transient thermal bow of the shaft. This result was initially
not believed by the client. So as a prudent next step, the client shop tested the
plant’s spare feed pump rotor on the rotor balancing machine at the pump
OEM'’s repair shop with specially installed locally placed heaters on the shaft
sleeves. This test confirmed the author’s analysis results shown in Figure 7.3.

1.3 mils\L

FIGURE 7.3
Computed shaft thermal bow by sleeve-to-shaft differential expansion.
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That led to a shaft-sleeve retaining nut modification retrofit, by interposing
a compressible annular gasket under each shaft-sleeve retaining nut at both
ends of the pump shaft. This low-cost retrofit more evenly distributes the
compressive force circumferentially and freely allows the inherent cyclic dif-
ferential thermal expansion while maintaining the nominal sleeve assembly
compressive force. This gasket fix can be theoretically idealized as a “soft
spring” with a “large” preload compressive deflection. This retrofit is now
installed on all four of the plant’s 50% feed water pumps, with total success
in eliminating the vibration problem’s root cause, as reported by Adams and
Gates (2002).



8

Boiler Circulation Pump

8.1 Problem Background

An alternative for fossil-fired boilers for steam power plants was to incorpo-
rate boiler circulation pumps (BCPs). This measure significantly reduced the
size of the boiler compared to free-convection boiler designs for the same
capacity and thus also significantly reduced the boiler first cost. Such BCPs
came in a range of sizes matched to the output capacity of the boiler. The
pump discussed here was for older generating units, three rated at 130 MW
and one rated at 240 MW. Each 130 MW boiler was supplied with three BCPs
and the 240 MW boiler with four BCPs. All these units were driven by four-
pole induction motors (1750 rpm). All four generating units were designed to
operate at full capacity with one BCP not operating, allowing maintenance
and rebuilds to take place without backing off on unit generating power out-
put. Figure 8.1 shows a cross section of the BCP for the 130 MW units. All
these pumps have a vertical centerline of rotation as illustrated.

This line of BCPs is from a single OEM and has been utilized in several
other plants of various sizes, BCP size matched to the specific boiler capaci-
ties. The author was retained to do a thorough top-to-bottom investigation of
these pumps, because they all had for many years required frequent rebuilds
necessitated by the floating ring seal clearance wearing open enough for seal
leakage to exceed the capacity of the feed water system to supply seal injec-
tion water from a point upstream of the feed water manifold, that is, at a
pressure sufficiently higher than the boiler feed water pressure. See Figure
8.1b. BCPs removed from service were shipped to the plant owner’s in-house
service shop for the overhaul rebuild. There the pump is completely disas-
sembled and not only is the floating-ring seal assembly replaced, but so are
other marginally worn internal components, for example, the Graphalloy
sleeve bearing. The in-house cost of the rebuild averaged $23,500. By com-
parison, the OEM’s charge would have been approximately $50,000 for a BCP
overhaul rebuild. The BCP rebuilds translated into an annual cost of approx-
imately $170,500/year for the plant.
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8.2 Investigation

To gain potentially valuable diagnostic information, special fixtures were
devised to measure shaft vibration using displacement proximity probes
installed on one of the operating pumps (Figure 8.1). The only readily acces-
sible location for vibration probes was the coupling. Figure 8.1a shows
installation of X and Y displacement proximity probes at the only readily
shaft-accessible location. It was anticipated that excessive vibration levels
might not be the root cause of the fast-wearing seal leakage problem, but
that the shaft vibration spectrum might provide revealing clues. A spectrum
of one of these shaft vibration displacement signals is plotted in Figure 8.2.
Since the rotational centerline is vertical, the appearance of a modest level of
N/2 vibration component (1/2 rpm frequency) was not surprising. But what
was surprising was the high level of the 6N impeller vane-passing shaft
vibration level. This finding led to identification of the root cause of the con-
sistently high wear rate of the floating-ring seal clearance.

Since it is easier to seal liquid water than steam, special measures are
employed to ensure that flashing to steam does not occur in the seal leak-
age flow path. Accordingly, it is necessary to tap seal injection water off the
boiler feed pump discharge manifold. Boiler feed pump discharge water is
the only water available with a high enough pressure to force flow into the
boiler, through the BCP impeller seal ring clearance (see Figure 8.1). Boiler
feed pump discharge water is also at a relatively “cool” 330°F and thereby
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FIGURE 8.2
BCP shaft coupling vibration spectrum.
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prevents flashing in the shaft seal leakage flow path. Under proper operation
including startup, the seal injection water should be controlled at a nomi-
nal 50 psid above boiler pressure to prevent hard-particle laden boiler water
from invading the primary shaft seals.

8.3 Floating-Ring Seal Leakage

As a reference point, seal leakage calculations were made by assuming
“smooth” sealing annulus surfaces and that seal annulus entrance and exit
pressure drops are small compared to the pressure drop within the seal fluid
annulus. The basic seal ring annulus configuration is illustrated in Figure 8.3
along with seal leakage calculation formulas.

Five floating rings are contained in the BCP seal assembly, so if each one
has an equal pressure drop, the Ap for each ring is (2590 psi — 250 psi)/5 =
468 psid. Using the calculation steps given in Figure 8.3, the seal leakage over
the as-new clearance range and for twice the maximum as-new clearance are
calculated as follows:

Seal flow
Lo W/ 2N Calculation for turbulent seal flow
1. Estimate U, average axial velocity
2. Compute Reynolds number
Re = UDy, /v and friction factor
0.316
Axial pressure D f= o (for smooth surfaces)
drop,Ap ~ \ Re™
S ALD 172
3. Calculate U = (ph)
fel
“ 4. Iterate, returning to step 2 until
desired convergence is achieved.
= 5. Seal leakage, Q=UA
T Ter N ge, Q
Seal flow Water at 330°F, 2500 psi:
e 1= W = 2.44 x 107® Ibf sec/in?
Nomenclature: p =7.86 x 107° Ibf sec’/in*

Ap = pressure drop across sealing fluid annulus, D = diameter of fluid annulus,
C = clearance of fluid annulus, L = axial length of fluid annulus, p = viscosity,
p = mass density, v = p/p, Dj, = 4*flow area/wetted perimeter, hydraulic diameter

FIGURE 8.3
Annular sealing gap configuration and leakage calculation.
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Minimum as-new clearance, C = 0.005” gives Q =11.3 gpm
Maximum as-new clearance, C = 0.007” gives Q = 20.3 gpm
Twice as-new max clearance, C = 0.014” gives Q = 65.0 gpm

The seal leakage here increases approximately as the clearance squared.

8.4 Wear Ring Leakage

When one of these pumps is removed to the rebuild shop, the boiler remains
in operation. During the time the pump is away for rebuild, the only thing that
separates the inside 600°F 2500 psi (316°C 170 bars) boiler water from the sur-
rounding work area is a single isolation valve, hopefully with a good seat! So
naturally no one in their right mind is going to stick his or her head down into
the impeller vacated area to take an inside micrometer reading of the impeller-
eye wear-ring inside diameter. When the simultaneous opportunity of a unit
shut down and a BCP removal fortuitously coincided, the author asked for an
impeller-eye wear-ring ID measurement. The measurement showed that the
impeller wear ring radial clearance was several times the maximum as-new
value, worn open from years of use and unattended inspection. Calculations
similar to the Figure 8.3 procedure were then made and showed that the back-
flow through the impeller wear ring clearance to the impeller inlet (eye) was
easily as high as 30% of the BCP’s rated flow capacity.

This surely explained why these pumps were never quite delivering their
rated capacity, even just after a rebuild. From consultation with the pump
OEM’s lead hydraulics engineer, it was revealed, and not surprising, that
such a high rate of wear ring back flow would significantly disrupt the
impeller inlet flow velocity distribution, with the likely outcome of a quite
high dynamic hydraulic impeller force at the vane passing frequency. The
root cause smoking gun was finally found. The impeller wear ring needs
to be replaced when the clearance wears open to twice the as-new value, an
industry widely held criteria for centrifugal pumps.

8.5 Root Cause and Fixes

The excessive 6N vane-passing shaft vibration caused by enormous impeller
wear ring backflow was the root cause. The fix is simply that the impeller
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wear ring must be replaced when the clearance wears open to twice the
maximum as-new value. Since inspection of the wear ring is difficult, as
explained in Section 8.4, the wear ring should be replaced regularly at times
when the boiler is shut down long enough to pull the BCPs up to safely access
the vacated impeller space and replace the wear ring. The pump OEM has
available a zero leakage mechanical seal retrofit that eliminates the floating
ring seals and thus eliminates the need for seal injection flow. However, even
with the superior OEM seal retrofit mechanical seal, the wear ring clearance
replacement criteria should still be followed.



9

Nuclear Plant Cooling Tower
Circulating Pump

9.1 Problem Background

This case study deals with a nuclear power plant boiling water reactor
(BWR) generating unit rated at 1300 MW. It has three cooling tower cir-
culation pumps, requiring at full load only two of these pumps operating
during the winter season, but all three operating during the summer sea-
son. These are quite large vertical rotational centerline pumps with a rotor
speed of 325 rpm (5.5 Hz). Over a period of several years, at least one of these
three pumps moved sufficiently out of plumb to need replumbing. That was
accomplished during the winter season when this pump was taken out of
service. Following this effort the unit was test run and found to have exces-
sive levels of vibration at a rotor speed frequency of 5.5 Hz. It was suggested
that the plumb shimming used unfortunately reduced floor contact, called
“soft foot.” A preliminary assessment was that as a result of the soft foot, a
structural resonance frequency moved right down into the spin frequency.

9.2 Investigation and Root Cause

The author’s team installed accelerometers at various elevations on the unit
and confirmed that the excessive vibration was a resonance, based on accel-
eration measurements taken on a coast-down run. Figure 9.1 shows a sample
of these acceleration measurements, displaying both the peak and a rapid
phase angle change fundamentally characteristic of a resonance. Figure 9.2
illustrates the elevation view of the orbital vibration trajectory of the unit.
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FIGURE 9.1
Measurements of cooling tower pump-motor centerline vibration.

~10  Centerline trajectory

FIGURE 9.2
Orbital vibration trajectory of cooling tower pump-motor unit.
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9.3 Fixes

The ultimate long-term fix was to eliminate the soft foot. A cost-effective
intermediate fix recommended to the plant owner was to design and install
a tuned vibration absorber attached to the top of the motor. The author and
his staff designed a vibration absorber for this application. A tuned vibration
absorber replaces the preexisting resonance with two side-band resonances,
one below and one above, the preexisting resonance frequency. The absorber
is simply an attached Spring (k) — Mass (m) system tuned to the preexisting
natural frequency, that is, ®, =./k/m. The greater the absorber mass, the
greater the frequency separation between the two resulting side-band reso-
nance peak replacements. This is a common low-cost and effective fix in the
tield. Figure 9.3 shows absorber design analysis results for the final absorber
design. The recommended absorber design is illustrated in Figure 9.4.

200

—— Motor (with absorber)
180 1— Absorber

—— Motor (without absorber) !
160 Motor with 2000 Ib deadweight|__._____. T T

140

120

100

80

Response, mils s-p

60

40

20 ,5? ,,,,,, -

0
150 200 250 300 350 400

FIGURE 9.3
Computed vibration amplitude of pump motor.

FIGURE 9.4
(See color insert.) Vibration absorber (red and blue) atop pump motor.



Taylor & Francis
Taylor & Francis Group

http://taylorandfrancis.com


http://taylorandfrancis.com

10

Condensate Booster Pump Shaft Bending

10.1 Problem Background

This condensate booster pump (CBP) is one of two 50% CBPs on a 600 MW
unit. Both CBPs are required for full load operation, but one CBP can handle
the required condensate flow at part load operation up to approximately
450 MW. The 1000 HP, 3580 rpm induction drive motor of the CBP had a
several-month history of excessively high vibration levels. It was observed
that this CBP’s vibration levels go from bad to worse as the unit is operated
from a cold start to steady-state operating temperatures, taking approxi-
mately 2 hours. All corrective actions undertaken by the plant to reduce of
the motor’s vibration levels to within acceptable amplitudes were unsuccess-
ful. In the meantime, the operating vibration levels of this motor have slowly
worsened, indicating an absolute need to solve the problem.

10.2 Investigation

A vibration specialist from the CBP’s OEM took vibration measurements on
both CBPs. Those measurements and corresponding analyses eliminated
both base-motion characteristics as well as the pump internals as potential
sources of the CBP’s excessive motor vibration problem. This investigation
combined with earlier observations that the CBP’s vibration levels go from
bad to worse as the unit is operated from a cold start to steady-state operat-
ing temperatures led the OEM’s vibration specialist to conclude that the root
cause of the vibration problem was thermal bowing of the motor rotor. This
diagnosis would likely mean that local electrical shorting on the motor rotor
windings produced local heating that led to a bow being imposed upon the
motor shaft by the rotor windings. Based on discussions with the plant’s
local motor repair vendor, it was concluded that the most cost-effective
solution for such a motor condition is replacement of the motor, not repair.
OEM'’s vibration specialist recommended that measurement of the motor’s
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shaft orbital displacement vibration during the thermal transient from a cold
start to steady operating temperatures could clearly establish if the bowed-
rotor diagnosis is correct. Accordingly, the author’s team was retained to make
motor vibration measurements, using accelerometers and X-Y displacement
proximity probes. Those measurements and corresponding evaluations
clearly confirmed the OEM’s bowed-motor-rotor diagnosis. Figure 10.1 shows
the vibration measurement points.

The vibration signals were recorded simultaneously in 10-second snippets
taken at 10-minute intervals over the full-load 2-hour motor warm-up. Prior
to the cold start-up and 2-hour continuous warm-up to steady temperatures,
the unit was started for a few seconds and then shut down, so that proximity
probe signals could be recorded for that coast down. That coast-down data at
low speed (=300 rpm) was used to subtract proximity-probe electrical runout
from the total signals recorded subsequently during extended operation.

From reduced 300 rpm data, a 2.6 mil peak-to-peak shaft runout was found
and was unexpectedly quite high for electrical runout alone, suggesting a
bent motor shaft. A dial indicator was therefore subsequently set up to obtain
cold shaft mechanical runout where the proximity probes had been located.
By hand rotating the shaft in 45° increments, mechanical runout data was
taken from the dial indicator and is compared to the coast down 300 rpm
proximity probe runout data in Figure 10.2.

The comparison in Figure 10.2 is striking. It shows that the low-speed
runout captured by the proximity probes is almost entirely due to actual
mechanical runout, not proximity-probe sensed purely electrical runout. The
actual electrical runout was thereby determined to be comparatively quite
small, reflecting a pretest emery cloth and solvent cleaning of the proximity

f
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Motor guard
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Location Measured signals

1 - Motor outboard bearing X, Y, and Z accelerations

2 - Motor inboard bearing X and Y shaft displacements
X and Y accelerations

3 - Pump inboard bearing X and Y accelerations

FIGURE 10.1
BCP pump-motor vibration measurement points.
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FIGURE 10.2
Motor shaft runout measurements.

probe targeted portion of the shaft. Realizing that the X-Y proximity probes
and subsequent dial indicator were located axially close to where the bent
shaft would contact the journal bearing edge at shut down (i.e,, a runout
nodal point), this measured mechanical runout indicated a seriously bent
shaft, probably well in excess of 5 mils. This bent condition of the motor
shaft was apparently the consequence of considerable thermal bowing as the
motor heats up to operating temperature. A large thermal bow apparently
locked in a shaft distortion by nonuniformly shifting the axial distribution
of the heavy shrink-fit between the motor rotor and its shaft. It was also pos-
sible that some shaft yielding caused by the thermal bow could have also
contributed to the permanent bent condition of the motor shaft.

The orbital displacement proximity probe data presented in Figure 10.3
reveals that the motor inboard shaft total orbital displacement vibration
grew to 6 mils peak-to-peak at 26 minutes after the cold start, about double
the value at the beginning of the test time. The 2-hour trend from cold start
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FIGURE 10.3
Shaft X-Y orbital vibration trajectory after warm-up.
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FIGURE 10.4
Motor shaft inboard vertical vibration velocity peaks for 2-hour test.

shown in Figure 10.4 typified the motor vibration signals in general, thus
indicating thermal bowing of the motor shaft. As the motor heated up to
operating temperature, the vibration level grew from rough to very rough,
leveling out at nearly 1 in/sec peak vibration velocity. Figure 10.4 shows
that it is primarily the synchronous (once-per-rev) vibration component
that dominates the overall vibration levels on the motor. The outboard axial
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motor vibration (Z-direction) 2-hour trend also exhibited a similar strong
growth of the synchronous vibration component to about 1 in/sec. Such a
high once-per-rev axial vibration is a typical symptom of a bent shaft and/or
badly bowed shaft (Adams 2010).

10.3 Root Cause and Fix

To a high degree of certainty, the root cause of this CBP motor vibration
problem originated from a thermal bowing of the motor shaft, apparently
produced by highly localized heating at a motor rotor winding short.
Furthermore, the motor shaft was seriously bent as detected both with a dial
indicator by hand rotating the shaft and from low-speed coast-down proxim-
ity probe signals. To a high degree of certainty, thermal bowing had caused
this static bend in the shaft to be developed from a distorting axial redistri-
bution of the heavy motor rotor-to-shaft shrink fit. Localized shaft material
yielding may also have contributed to the shaft static bend as a result of
the thermal bowing. Given the condition of the CBP motor rotor and shaft,
replacement of the motor was surely the most cost-effective solution to the
problem on this unit.
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Pressurized Water Reactor Primary
Coolant and Auxiliary Feed Pumps

11.1 Primary Coolant Pump (PCP) Problem Background

Chapter 5, Section 5.1 describes pressurized water reactor (PWR) primary
coolant pumps (PCPs). Figures 5.4b and 5.6 show illustrations of a PCP. As
detailed in Section 5.1, given the three-bearing rigidly coupled configuration
typical of PCPs, unless the three journal bearings are perfectly aligned on a
straight line, there will be additional journal-bearing static loads from the
three bearings’ inadvertent preloading of each other. The statically indeter-
minate journal bearing loads combined with the vertical rotational center-
line (i.e,, no rotor-weight biasing of radial loads) makes the journal bearing
loads randomly variable. That of course makes PCP rotor dynamic charac-
teristics randomly variable as well. Jenkins (1993) attests to the considerable
challenge in assessing the significance of monitored vibration signals from
PCPs, focusing upon the possible correlation of vibration signal content
and equipment malfunction as related to machine age. Jenkins presents the
Westinghouse approach in identifying vibration problem root causes and cor-
rective changes for these aging PCDPs.

11.2 Vibration Instrumentation False Alarm

For rotor vibration monitoring of PCPs, an X-Y pair of proximity probes are
mounted 90° apart just below the coupling, targetting the short straight low-
run-out section of the shaft. In one of Jenkins’s case studies, what appeared
to be a sudden unfavorable change in monitored rotor vibration orbits was
in fact eventually traced to a combined malfunction and faulty installation
of the eddy current proximity probes. This discovery also led to the finding
that eddy current probe displacement systems are vulnerable to deteriora-
tion over time in the hot and radioactive environment around PCPs, and
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thus need to be replaced or at least checked at regular intervals. This vibra-
tion false-alarm case also emphasized the importance of closely following
the proximity probe vibration instrumentation manufacturer’s instructions
regarding permissible part number with allowable shaft-target material
combinations to avoid errors in probe-to-target scale factors upon which all
inductance proximity probe signals are based.

11.3 Worn Impeller Journal Bearing

A second case study presented by Jenkins (1993) pertains to a PCP of the con-
figuration illustrated in Figure 5.6 (see Chapter 5). It is one of the three iden-
tical pumps for a specific reactor. It developed a large half-frequency (N/2)
rotor vibration whirl. With the high ambient pressure, thus cavitation-free
water-lubricated impeller sleeve bearing on a vertical centerline, there is
nearly always some tolerable N/2 vibration content observed in the mon-
itored rotor vibration signals of these pumps. In this case, the drastically
increased level of N/2 vibration led to an investigation to determine the
likely root cause(s) and the proper corrective action(s). Based on both the
drastic increase in monitored N/2 vibration component (changed from 2 to
6 mils p.p. at coupling) and on a shift in static centerline position as extracted
from the proximity-probe DC voltages, it was diagnosed that the impeller
journal-bearing clearance had significantly worn open. It was thus decided
that replacement of the impeller bearing be replaced at least at the next refu-
eling outage, or sooner if the monitored vibration developed a subsequent
upward trend.

11.4 Primary Coolant Pump Summary

PCPs are not the only vertical pump used in power plant application. Some
fossil-fired steam boilers in electric power-generating plants are designed
with boiler circulating pumps (Chapter 8), which are incorporated into the
design to make the boiler physical size much smaller than it would other-
wise have to be if relying on free convection alone. Like PCPs, boiler circu-
lating pumps have vertical centerlines dictated by suction and discharge
piping constraints. Condensate pumps are another example of vertical
centerline machines (Chapter 4, Section 4.2). Marscher (1986) presents a
comprehensive experience-based treatment to vibration problems in these
vertical pumps. Most large hydroelectric turbines and pump turbines are
vertical.
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FIGURE 11.1
Auxiliary feed pump distressed: (a) bearing and (b) shaft.

11.5 Auxiliary Feed Pump Problem Background

The author’s team was retained to participate in troubleshooting and analy-
sis of a distressed auxiliary feed pump (AUXFP) oil-ring lubricated inboard
journal bearing. Photos of the distressed bearing half and matting shaft are
shown in Figure 11.1.

The available information for the trouble shooting and analysis included
the distressed bearing and mating journal, maintenance and installation his-
tory, bearing temperature data, oil samples, and anecdotal experience from
plant personnel. After independently analyzing the available information, a
list of likely root causes was generated and corresponding recommendations
were provided.

An inspection of the damaged bearings indicated with a high degree of
certainty that bearing overloads were experienced on the pump side of the
inboard bearing, and that these overloads caused the damage to the journal
bearing babbitt surface. In light of the available information, the most likely
root causes of the overload and resulting bearing damage are explained in
the following section, in order of priority.

11.6 Auxiliary Feed Pump Analysis Results
and Recommendations

Bearing retaining set screws were not installed with the OEM-recommended torque.
In split-casing designs, it is common for designers to include a small but
tightly controlled interference fit between the bearing and the bearing
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housing called “bearing pinch.” Just enough bearing pinch is needed to keep
the bearing in place and provide a very stiff support for the bearing that
then also provides its available fluid-film rotor-dynamic stiffness and damp-
ing capability. But there should not be enough pinch to significantly distort
the bearing shells. The design of the bearings is to achieve a similar pinch
function through the use of two set screws, which thread through the bear-
ing housing from the top half and secure the bearing into place. Too much
torque on these set screws will distort the bearing, but too little will allow
the bearing to move within the bearing housing in ways it was not intended
to move. Such movement can cause the bearing to seat improperly in the
bearing housing leading to localized misalignment and overloading, as well
as excessive rotor vibration (see Chapter 6, Section 6.1). Care must be taken in
setting the torque on both sets of motor bearing retaining set screws to the
OEM’s recommended torque values.

Internal misalignment. The machined clearance between the AUXFP bear-
ing and the bearing housing is of the order of 0.002 to 0.006 inches. In the
original design this amount of space may be required in order to account for
a stack-up of tolerances or some other assembly/dimensional variability. But
as far as the function of the bearings is concerned, this is considered a very
loose fit and more than needed to accommodate differential thermal expan-
sions. Furthermore, the dimensions for the bearings and bearing housing, as
originally designed, appear to be specified with two decimal places, which
generally correspond to a tolerance of +0.010 inches. The possible stack-up of
the tolerances combined with the general looseness of the fit has the poten-
tial to lead to difficulties in achieving a good internal alignment. If excessive
internal misalignment exists, an improper torque on the bearing-retaining
set screws may worsen the problem. It was recommended to check the inter-
nal alignment of the bearing housings without the bearings installed, and
comparing that to the actual dimensions of the bearings to see if there is any
potential stack-up of tolerances that should be accounted for during bearing
installation.

Misalignment between the pump and motor caused by thermal growth. The pump
and motor elevations should be set such that at the steady-state operating
condition, the two shafts are aligned. This involves setting the motor shaft
elevation slightly lower than the pump shaft elevation. Setting the motor too
high may cause static load to be transferred through the coupling. On the
other hand, if the coupling is functioning properly and has been designed
to accommodate the expected thermal growth, it should not be transmitting
any static radial loads and should not be a contributing factor. It was recom-
mended that the motor-to-pump coupling should be checked for wear, and
the allowable radial misalignment should be compared to the expected ther-
mal growth values to make sure the coupling is appropriate for this applica-
tion. Finally, it was suggested that the alignment procedure for this AUXFP
be reviewed with the goal of more tightly controlling the alignment process
for this pump.
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The team reviewed the proposed course of action and subsequently wit-
nessed the successful start-up and quarterly test of this unit. It is important
to keep in mind that babbitted bearing surfaces are extremely forgiving, so
it is quite probable (but difficult to definitively quantify) that such AUXFPs
could run for an extended period of time even with such bearing surface
damage, as encountered in this case.
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Cases from Mechanical Solutions, Inc.

The following troubleshooting case studies have been provided for publica-
tion by Mechanical Solutions, Inc. (MSI) of Whippany, New Jersey (www
.mechsol.com).

12.1 Below-Ground Resonance of Vertical Turbine Pump

Two vertical turbine pumps (VTPs) with 45 ft (13.72 m) long column assem-
blies (see Figure 4.3) installed in a nuclear facility were suffering from prema-
ture wearing of the line shaft bearings and shaft sleeves leading to frequent
and costly repairs. The MSI measurement spectra plots (in logarithmic scale)
shown in Figure 12.1 led to a preliminary conclusion that the root cause was
a below-ground classic reed frequency problem. An accelerometer mounted
on the suction bell flange (Figure 12.1b) shows that the third below-ground
mode (159 Hz) is only 7% away from the 1x running speed (14.9 Hz, 894 rpm)
excitation source. In order to design a solution and avoid costly and time-
consuming trial-and-error problem solving, MSI performed an operating
deflection shape (ODS) test. The ODS test results were used to calibrate a
finite element analysis (FEA) model. The FEA model was used to determine
potential solutions.

Figure 12.2 shows a freeze frame of an ODS animation showing the third
below-ground mode at 159 Hz. A properly executed ODS exaggerated-
displacement to-scale animation is a quite insightful way to understand
and explain a structure’s dynamic motion. The problematic below-ground
third bending is clearly shown. One solution option was to add a number
of 1-inch thick ribs to the upper column, shifting the third bending mode
upward by 16% (well away from running speed). The second option was to
shorten the column pipe, to shift the offending mode’s natural frequency
even higher. The plant elected to shorten the column after it was determined
to be hydraulically acceptable.
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FIGURE 12.1
Vibration measurements on vertical turbine pump. (a) Measured on a motor bearing and
(b) measured on suction bell flange.

12.2 Cavitation Surge in Large Double-Suction Pumps

As summarized in Section 3.5.4, a long-held consensus among pump hydrau-
lic specialists is that the cavitation phenomenon does not lend itself to a reli-
able cavitation-damage predictive tool based upon measureable noise. So the
challenge in this case was to apply a new nonintrusive test method to quan-
tify the severity and rate of damage caused by cavitation. MSI was retained
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FIGURE 12.2
Animation freeze frame of the third below-ground mode at 15.9 Hz.

to apply its new high-frequency technique using external accelerometers to
quantify damage occurring in a pump operating with significant cavitation.
This new method has been used to diagnose cavitation in pumps, valves,
and other fluid system components.

Large, recently installed double-suction pumps exhibited excessive audi-
tory noise. MSI was retained to confirm if the pumps were causing the exces-
sive noise and to determine whether the noise was a result of cavitation that
could significantly reduce pump component life. Of particular concern was
a periodic chugging sound that was present when the pumps were operat-
ing within a flow range of approximately 100% to 130% of the best efficiency
point (BEP). The Architecture Engineer (AE), while quite experienced, had
never previously encountered a symptom quite like this. MSI had already
used its new approach in other plants to estimate the severity of pump cav-
itation damage and to determine if component modifications are needed,
or determine if the cavitation noise is simply a nuisance. Figure 12.3 shows
acceleration and pressure measurement signals taken on one of these pumps.

Since the vibration spikes are considerably higher in amplitude when the
cavitation bubbles collapse (see Chapter 2, Section 2.3.1) on a surface as opposed
to collapsing in the free stream, a quantitative assessment of the potential for
cavitation damage to the pump is thereby made. According to MSI, measur-
ing the sound frequency spectrum, as others have done, involves a less direct
measurement since the effects must be transmitted from the pump casing to
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Acceleration, suction sound pressure, and pressure during cavitation.

the air before being measured. Even difficult-to-perform dynamic pressure
or hydrophone measurements are less useful because they cannot determine
whether the detected cavitation is harming internal metal surfaces. The tests
run in this case consisted of measuring the pressure pulsations in the suction
pipe, sound pressure near the impeller inlet, instantaneous casing accelera-
tion at many surface locations, and sound pressure in the air surrounding the
pumps. Based on past experience, the levels of peak instantaneous accelera-
tion were indicative of damaging cavitation, 4 times above levels for which
damage from cavitation would likely occur on either the casing fluid passages
or on the impeller. Posttest inspection of pump internals revealed rapid cavi-
tation erosion damage of the impeller vanes. In a similar pump investigation
using MSI’s technique at a major water plant, MSI had discovered that after
1000 operating hours at 3 times the acceleration limit, the 3/4-inch 316L impel-
ler vanes had lost half their thickness at the cavitation-eroded locations.
Comparing the various measurement methods showed good correlation
between suction pressure measurements, suction sound pressure measure-
ments (hydrophone), and instantaneous acceleration. The measurement
that provided the most ambiguous data was the more typically performed
airborne sound pressure measurement. Discussions with the pump OEM
revealed the pump suction had been oversized to meet stringent NPSH
requirements at minimum suction head conditions. The result was a pump
that experienced suction recirculation at flow rates even above BEP (typical
recirculation cavitation damage occurs below BEP). The problem was com-
pounded since the cavitation combined with suction recirculation set up
an unsteady flow pattern at the pump suction, resulting in cyclic cavitation
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surging, not only damaging the impeller but also shaking the entire pump
system. The problem was fully solved by an impeller redesign.

12.3 Impeller Vane-Pass Excitation of a Pipe
Resonance in a Nuclear Plant

This case study concerns a chronic premature failure of bearings and seals
in a safety-related residual decay heat removal pump, a single-stage end-suction
volute pump (see Figure 5.6, RHR). The plant believed there was an inherent
problem with the pump design. However, MSI's operating-deflection-shape
testing demonstrated that the root cause for the component reliability prob-
lems was that the pump casing was being forced to distort dynamically, with
a dominant frequency of impeller vane pass, driven by a vertical bouncing of
the discharge pipe that jammed against the pump discharge nozzle. A time-
averaged pulse modal test was performed and determined that a structural
natural frequency dominated by vertical motion of the discharge pipe was
nearly coincident with the first harmonic of the vane-pass frequency, thereby
causing a resonance. This resonance was poorly damped, based on the half-
power bandwidth (see Adams, 2010) of the resonant response peak for this
mode determined from the modal test. Figure 12.4 shows the accelerometer
locations.

Discharge

Suction
pipe

FIGURE 12.4
RHR pump assembly and modal test accelerometer locations.
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MSI was requested by the regulatory agency and plant to verify that the
structural resonance issue was the only reason for the increased vibration,
and in particular that a piping system acoustic resonance was not in play.
This was problematic, since there were no piping taps near the pump dis-
charge, and if the piping was violated by installing a tap, it would need to
be requalified for system operation in a safety-related situation. The cost of
this requalification would be high, and the plant might be required to shut
down until analysis was completed. MSI applied a technique that it had used
successfully in other plants where pressure pulsation measurements were
required in pump or compressor systems where many pressure readings
at various locations along the pipe axis were needed to evaluate acoustic
natural frequency mode shapes, but where pressure taps were sparse and/
or impractical. The method consists of using a minimum of four uniaxial
accelerometers, attached perpendicular to the pipe wall at 90° intervals
around the periphery of the pipe at each location where pulsation readings
are needed. Away from stiffening components such as flanges or piping sup-
ports, this technique allows the pressure pulsation (which makes the pipe
radially expand) to be separated from the piping gross structural vibration,
which merely translates the pipe as a relatively rigid body. These accelerom-
eter measurements demonstrated that acoustics were not an issue.

MSI then used a test-calibrated finite element analysis (FEA) model to
perform some what-if analyses of possible alternative solutions. Adding
mass to the pipe, use of a piping damper (shock absorber), and stiffening
of the pipe supports were all explored and all found to be viable solutions.
However, each of these solutions would require piping requalification. MSI
then designed a low weight vibration absorber (see cooling-tower pump
example in Chapter 9, Figure 94), in the form of a low-mass thin-walled pipe
clamshell surrounding the discharge pipe vertical leg, which is able to move
vertically relative to the discharge pipe and attached to the discharge pipe
through clamping plates that had tuned and adjustable stiffness in the verti-
cal direction. This assembly was shown analytically and by test to quench
the resonance at the vane-pass acoustic frequency. Because the assembly was
of sufficiently low mass and did not penetrate the discharge pipe, only the
vibration absorber needed analysis and review and regulatory approval.
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